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Abstract
Accurate thermal analysis of axial flux permanent magnet (AFPM) machines is crucial in
predicting maximum power output, and a number of heat transfer paths exist making it
difficult to undertake a general analysis. Stator convective heat transfer is one of the most
important and least investigated heat transfer mechanisms and therefore is the focus of the
present work.
Experimental measurements were undertaken using a thin-film electrical heating method
based on a printed circuit board heater array, providing radially resolved steady state heat
transfer data from an experimental rotor-stator system designed as a geometric mockup of a
through-flow ventilated AFPM machine.
Using a flat rotor, local Nusselt numbers Nu(r) = hR/k were measured across 0.6 ≤ r/R ≤ 1,
as a function of non-dimensional gap ratio 0.0106 ≤ G ≤ 0.0467 and rotational Reynolds
number 3.7e4 ≤ Reθ ≤ 1e6 where G = g/R and Reθ = ωR2/ν. Averaged results Nu were
correlated with a power law and it was found that Nu ≈ ARe0.7θ in the fully turbulent regime
(Reθ > 3e5), with A being a function of G. In the laminar regime, stator Nu was found
to be similar to that of the free rotor. Transition at the stator occurred at Reθ = 3e5 for
all G and is particularly marked at G < 0.02. Increased Nusselt numbers at the periphery
were always observed because of the ingress of ambient air along the stator due to the
rotor pumping effect. A slotted rotor was also tested, and was found to improve stator heat
transfer compared with a flat rotor.
The measurements were compared with computational fluid dynamics simulations. These
were found to give a conservative estimate of heat transfer, with inaccuracies near the edge
(r/R > 0.85) and in the transitional flow regime. Predicted stator heat transfer was found to
be relatively insensitive to the choice of turbulence model and the two-equation SST model
was used for most of the simulations.
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Chapter 1
Introduction
Electrical machines, devices which convert mechanical power into electrical power and vice
versa, are completely ubiquitous in modern societies. They generate electricity in power
stations, wipe car windscreens, move hot water and cool air around houses and offices and
hospitals, run computer fans, mix food in blenders and perform all manner of other tasks
which are often taken for granted. Electrical machines are clean, relatively cheap, respon-
sive, quiet, efficient and simple (having one moving part). In many ways they are the ideal
device for producing or consuming mechanical motion.
The majority of power is produced by electrical generators in power stations, and a large pro-
portion of this is consumed in electrical motors. As society addresses the colossal challenges
of climate change and energy supply in a rapidly developing and over-burdened world, it
is likely that electric machines will have an even more important role to play. The need to
find alternatives to fossil fuels (oil, coal and gas) is now widely accepted for at least three
reasons: the security of energy supplies, the urgency of climate change and the finiteness of
the fossil fuel resource, as discussed by MacKay [1].
It is vital that countries turn quickly to using non-fossil fuel based energy sources, and it is
likely that electrification of transport and heating, in combination with a massive roll-out of
energy efficiency measures and new electricity sources such as wind, large scale solar power
and nuclear power will form a significant part of the solution. This presents new demands
on electrical machines, for example in transport applications, electric power-trains must be
highly efficient and robust with high specific torque and power, and low specific cost. These
are tough constraints compared to many traditional industrial end-uses, and innovative new
machine designs are being developed to meet this challenge.
Electrical machines were invented in the 19th century, with pioneering work being under-
taken by Michael Faraday, Thomas Davenport, Nikola Tesla and others [2, 3]. After more
than 150 years of research and development, a very large number of configurations, speeds
and sizes of machines are available today. Although electrical machines are considered a ma-
ture and well-understood technology, scientific and engineering research continues apace.
Certain recent developments have led to significant changes in the way that electrical ma-
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chines are designed and used: First, the discovery of high-strength permanent magnets in
the 1980s has caused a blossoming in research and production of permanent magnet ma-
chines. Second, the availability of high performance power electronics and cheap, powerful
microprocessors has led to a large expansion in the area of variable-speed drives, and a new
flexibility in decoupling the shaft speed of an electrical machine from the fixed frequency
of the mains electricity grid. Third, in terms of methodology, as in all areas of science and
engineering, computer simulation has revolutionised the understanding and design of elec-
trical machines, allowing complex optimisations to be undertaken to improve efficiency and
reduce cost.
The electromagnetic analysis of motors and generators is a very mature and well under-
stood subject, although certain aspects such as eddy currents still present challenges [4].
In contrast to this, the thermal aspects of electrical machine design have been less thor-
oughly researched to date [5] and there is significant scope for further work in terms of both
methodology and applications. Thermal analysis of electrical machines is important because
power density is limited by maximum temperature. The temperatures that are achieved un-
der steady state conditions are a function of the rate of internal heat generation and the rate
of heat removal from the machine by whatever cooling method is chosen.
The aim of this work is to increase the understanding of heat transfer in air-cooled electrical
machines, with a particular concentration on disc type electrical machines such as the axial
flux permanent magnet (AFPM) machine. Significant research has been undertaken on the
thermal aspects of radial flux (cylindrical) electrical machines for example induction ma-
chines. This is not the case for disc type machines, and the convective heat transfer results
from cylindrical geometries cannot be applied to disc geometries since the internal air flow
is completely different.
1.1 Thermal aspects of electrical machines
In any electrical machine the internal temperatures that will be reached at a given operating
point must be predicted during design to ensure that the cooling provision is sufficient to
avoid overheating. All electrical machines produce losses which manifest themselves in the
production of heat, which raises the temperature of the materials within the machine. The
temperature that is reached in steady state is governed by the balance between heat input
and heat removal. These materials, specifically permanent magnets and insulation polymers,
can only withstand relatively low maximum temperatures, typically 150○C or less. Major
sources of loss are Joule (I2R) losses in the windings, core losses due to eddy currents
and hysteresis, and mechanical losses, as shown in figure 1.1. Table 1.1 shows how these
loss mechanisms depend approximately on various operating parameters in an electrical
machine: I is the stator current andR the stator resistance, ω the shaft speed, m the machine
mass, D the rotor diameter, L the rotor axial length, B the average magnetic flux density
and ρ the cooling fluid density.
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Figure 1.1: Main sources of loss in electrical machines
Table 1.1: Dependency of power losses (W) on machine and operating parameters [4, 6]
Joule loss α I2Rstator
Eddy current loss α ω2B2
Hysteresis loss α ωBn
Bearing loss α ωm
Windage loss α ω3D5ρ (disc machine, D >> L)
α ω3D4Lρ (drum machine, L >>D)
Joule losses often dominate in disc type electrical machines, and they increase with increased
power drawn through the machine. Good electromagnetic design can be employed to min-
imise the losses for a given operating point but a rising heat input will always be apparent
with increased power. On the other side of the equation, the rate of heat removal depends on
the aerothermal design of the machine which is dependent on machine geometry, governing
surface area for heat removal and heat transfer coefficient, which is governed by coolant
fluid type and fluid dynamics. The surface convective heat transfer coefficient is defined as:
h = Q
A (Ts − Tref) (1.1)
where Q is the heat flux through a surface, A is the surface area (Q/A = q, the specific heat
flux), Ts is the surface temperature and Tref is a reference temperature. This parameter is
of central importance in the present work and is discussed in more depth in section 3.2.5.
Another factor is the thermal capacity of the coolant: a fluid with low thermal capacity such
as air may result in a bulk temperature rise that is too high. The power density is thus
limited by the cooling provision and by material thermal limits. This is the situation for
many electrical machines of all geometries, with the exception of certain cases in which the
voltage regulation of the machine is so poor that the voltage across the load collapses before
the thermal limit is reached.
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In summary, prediction of operating temperature is important for a number of reasons:
1. Calculation of the machine maximum continuous rating requires an adequate ther-
mal model since the power density is usually thermally limited in a machine of good
electromagnetic design.
2. Stator temperature not only limits machine rating but also effects efficiency, because
the resistivity of the copper windings increases with temperature as shown in figure
1.2. As can be seen, at 100○C, the resistivity has increased by almost 30% compared to
room temperature.
3. Copper insulating materials, polymers that may be used in stator construction and
permanent magnets can only typically withstand continuous maximum temperatures
of around 150○C maximum.
4. Inaccurate predictions lead to the use of excessive safety margins in design. Better
thermal predictions would reduce the number of prototypes iterations required and
help to optimise machine design and cost.
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Figure 1.2: Variation in normalised resistivity (dividing by the resistivity at 300 K) of copper
with temperature, data taken from 83rd CRC Handbook [7, pp. 12-45]
Temperatures that are consistently too high will reduce the lifetime of the machine and may
lead to serious failure.
Hughes [3] notes that the power rating of any electrical machine can be thought of as the
product of the specific magnetic loading B¯ and the specific electrical loading A¯. The specific
magnetic loading is the average magnitude of the magnetic flux density over the entire
relevant surface of the machine (i.e. a cylindrical surface in a radial flux machine, and a
flat circular surface in an axial flux machine). In general B¯ does not vary much between
machines since the magnetic saturation properties of the iron used in machine construction
are consistent across many types of machine. The only way to circumvent this is to do
away with iron and use superconducting electromagnets to produce a much stronger field,
which has been explored by some researchers, but it is costly and complex and not often
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worthwhile. The electrical loading A¯, which is the maximum electric current per metre of
circumferential distance in the machine, can vary greatly since it is entirely dependent on
the efficacy of the cooling system. A number of factors influence this:
1. The size of the machine. The losses are roughly proportional to volume (L3 where L is
a length dimension) but the surface area is proportional to L2, so larger machines may
need to employ more complex cooling systems.
2. The choice of fluid used for cooling, for example air, water, oil or hydrogen.
3. The design of the machine. If it is totally enclosed, the fluid will recirculate internally
and the heat transfer from the machine (and therefore the electrical loading) is limited
by internal heat transfer and convection around the outside surfaces. However, the
rating may be improved substantially if the machine is through-ventilated, i.e. fluid is
allowed to continually enter from ambient, pass through and then be fully expelled.
Hughes notes that through-ventilated machines may give twice the output of totally
enclosed machines.
4. The design of the windings, for example, fully impregnated windings may offer better
cooling performance by improving thermal conduction around the windings.
The product B¯ × A¯ gives the average tangential stress over the rotor surface and multiplying
this by the machine volume gives the total machine torque. That is to say, for fixed B¯ and A¯,
maximum averaged torque is essentially proportional to volume. The output power is equal
to the maximum torque times the speed.
The cooling system is therefore the most important factor in determining both the continuous
maximum specific torque and power for a given speed machine, although electrical machines
do have appreciable thermal capacitance and may therefore be overloaded for short periods
of time usually without adverse effects. It is also very important in determining the maximum
service life of an electrical machine as explored in the next section.
The following two sub-sections consider in more detail the two most important reasons why
excessive temperatures must be avoided in permanent magnet machines.
1.1.1 Insulation and lifetime
The main failure mechanism in electrical machines is breakdown of the polymer-based insu-
lation which surrounds the copper windings. Fitzgerald [8] explains that deterioration is a
chemical process related to both time and temperature. Oxidation and embrittlement lead
to a loss of mechanical strength and eventually the insulation breaks easily, causing a short
circuit in the windings. The lifetime L of the insulation is given as a function of temperature
T as well as constants A,B:
L = AeB/T (1.2)
Various different classes of insulation are available and these can withstand different maxi-
mum operating temperatures. Class A can withstand a maximum temperature of 60○C above
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ambient (which is usually taken as 40○C worst case); class F, 105○C above ambient and class
H, 125○C above ambient [9]. Environmental factors such as humidity and vibration also af-
fect lifetime. Although electrical machines may be overloaded for short periods of time, if
the temperature exceeds the maximum acceptable temperature for the insulation class then
the lifetime will be shortened, perhaps severely. Wildi [10] suggests the rule of thumb that
life expectancy may be halved for every 10○C rise above maximum operating temperature.
1.1.2 Demagnetization of permanent magnets
The most prominent material used for permanent magnets is neodymium-iron-boron (Nd-
FeB) which was discovered in 1983 and has considerably better magnetic properties than
the alternatives (aluminium-nickel-cobalt or alnico, samarium-cobalt and ferrites). As well
as having a high remanent magnetic flux density (Br ≈ 1 T) and a high coercive field strength
(Hc ≈ −1000 kA/m), the recoil permeability µr of NdFeB is very close to unity. However, mag-
nets made from NdFeB are brittle and vulnerable to corrosion and therefore are often coated
for mechanical and chemical protection.
Figure 1.3: B–H and Bi–H curves for NdFeB taken from Gieras et al. [2, pg. 91]
The demagnetisation curve of NdFeB depends strongly on temperature as shown in figure
1.3 (where Bi–H is the intrinsic demagnetisation curve). As temperature is increased, the
material’s crystal structure changes and the magnitudes of Br and Hc decrease. Additionally,
the knee in the demagnetisation curve moves up; if the magnets are operated below the
knee, irreversible change takes place. Therefore it is imperative both to operate at the top of
the B–H curve and to ensure that magnet temperatures remain modest at all times, or the
performance of the machine will be severely degraded due to demagnetisation.
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1.2 Axial flux permanent magnet machines
The majority of electrical machines can be classified as radial flux machines, meaning that
the magnetic field in the machine runs radially across the air gap, figure 1.4(a). This type
of machine has a cylindrical geometry with volume proportional to D2L where D is the di-
ameter and L is the length. However, another type of electrical machine geometry is also
available, the axial flux machine, where the magnetic field runs axially across the air gap, fig-
ure 1.4(b). This machine has a disc or pancake shaped geometry, with volume proportional
to D3 (since L/D is approximately constant for similar disc machines).
Figure 1.4: (a) Radial flux machine vs. (b) axial flux machine, from Gieras et al. [2, pg. 18]
Compared to radial flux machines, relatively little has been published on axial flux machines
even though one of the first generators, the Faraday disc, was an axial flux device. Gieras et
al. [2] describe the history of these machines noting that they were abandoned after the in-
troduction of the radial flux machine for numerous reasons including fabrication complexity
and assembly difficulties as well as the poor quality of permanent magnets available at the
time. Since the 1980s however, accelerated by the availability of powerful new neodymium-
iron-boron (NdFeB) permanent magnets, research on axial flux permanent magnet machines
has greatly intensified.
Axial flux machines offer some interesting advantages compared with radial flux machines:
1. In some configurations they make more efficient use of the available volume of the
machine for torque production, giving higher volumetric torque densities.
2. They may have more effective in-built cooling because the rotor itself acts as a crude
radial fan, obviating the need for an external fan.
3. They have a compact flat shape which enables simple direct integration with other
mechanical components, and the large moment of inertia can allow the machine rotor
to act as a flywheel. Also, they can be designed and built in a modular fashion with
additional rotors or stators for increased power output.
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A disadvantage of the geometry is that there can be a very strong axial attraction force
between stator and rotor and therefore assembly can be difficult. At large sizes the high
diameter to length ratio can cause mechanical problems and therefore this type of machine
is not particularly suitable at very large sizes. Also, slotted stator cores for axial flux machines
can be difficult to manufacture because in order for the slots to line up, they may need to be
spaced unevenly in the iron laminations. However, various innovative solutions have been
proposed to overcome this, for example segmenting the stators [11].
Patterson et al. [12] present a thorough comparison between simple radial and axial flux
geometries under the constraint that the product B¯ × A¯ is kept constant for comparison
purposes. They conclude that if a high pole count machine with large D/L ratio is required
then disc type geometries offer a distinct advantage. They show that single-sided AFPM
machines have a significant volume advantage over radial flux machines.
Most axial flux machines make use of permanent magnets to produce the magnetic field since
configuring the disc type geometry as an induction machine or field-coil excited machine is
cumbersome and not usually worthwhile. Therefore the predominant disc type electrical
machine is the axial flux permanent magnet (AFPM) machine, which is the main application
of the present work. The majority of AFPM machines are brushless, i.e. the magnets are
attached to the rotor(s) and the coils are stationary. Brushed operation is also possible with
stationary magnets and spinning coils energised through commutators/brushes, for example
the machine of Campbell [13], whose design used trapezoidally shaped magnets and epoxy-
encapsulated ironless coils. Campbell notes that a number of design trade-offs exist in AFPM
machines, for example the total flux per pole must be balanced with the leakage flux between
adjacent poles by optimising the pole-arc to pole-pitch ratio. The ratio of inner to outer radii
must also be optimised.
A wide variety of brushless AFPM machine configurations are possible [2, 14] as shown in
figures 1.5 and 1.6:
• Single airgap machines, fig. 1.5(a), typically having an iron-core slotted stator and iron
rotor containing permanent magnets.
• Double airgap machines, fig. 1.5(c, d), with either a stator sandwiched between two
rotors, or vice versa. The stator may or may not contain iron.
• TORUS machines, fig. 1.5(b), a slotless double airgap design developed by Spooner
and Chalmers [15].
• Multiple airgap machines, fig. 1.6, with multiple rotors and stators.
Of particular note is that the disc type geometry allows the construction of a coreless machine
containing no ferromagnetic material in the stator, which therefore has no eddy current or
hysteresis losses in the stator apart from small eddy current losses in the copper coils. Such
a machine cannot realistically be built in radial flux geometries; axial flux is the only way to
achieve this. This unique arrangement gives low starting torque, zero cogging torque and
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Figure 1.5: AFPM machine configurations, from Gieras et al. [2, pg. 7]: (a) rotor and slotted
stator, (b) TORUS slotless stator, double rotor (c) double slotted stators with
internal rotor, (d) double rotors with coreless internal stator. Key: 1–stator iron,
2–stator windings, 3–rotor, 4–permanent magnets, 5–case, 6–bearings, 7–shaft.
Figure 1.6: Multiple rotor AFPM machine, from Gieras et al. [2, pg. 9]. Key: 1–coreless
stator, 2–rotor with PMs, 3–case, 4–bearings, 5–shaft.
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high efficiency as well as a material saving, but has a lower magnetic loading and requires
larger permanent magnets to achieve a useful field strength.
A number of commercial companies manufacture brushed and brushless axial flux machines
for various applications, including: Agni Motors (UK), AXCO-Motors (Finland), Baumu¨ller
(Germany), Bodine Electric (USA), Cummins Generator Technologies (UK), Dahaner Motion
(USA), Evo Electric (UK), Perm (Germany) and Turbo Power Systems (UK).
1.2.1 Applications
Electric and hybrid vehicles
In vehicles with electric or part-electric power trains, the compact size and flat disc-shaped
geometry of AFPM machines means they can be fitted compactly inside or near to the wheel.
In addition, they have high torque density and are therefore ideal for transport applications
where size and weight are important considerations [14, 16]. Lamperth, Beaudet and Jaen-
sch [17] discuss a water-cooled direct drive disc-type machine suitable for heavy-duty hybrid
and electric vehicle applications. The authors note that power and torque densities of 1.8
kW/kg and 5 Nm/kg at 3600 rpm continuous have been achieved with this machine which
is also up to 96% efficient.
The shape of AFPM machines lends them to direct integration in the wheels of vehicles,
allowing much simpler mechanical arrangements as for example proposed in the Riversimple
hydrogen car (www.riversimple.com). Woolmer and McCulloch [11] discuss the innovative
yokeless and segmented armature AFPM machine used in the prototype vehicle, illustrated
in figure 1.7. Another example of an in-wheel AFPM machine is given by Rahman et al. [18]
who describe a gearless liquid cooled machine used in a General Motors hybrid test vehicle,
shown in figure 1.8.
Figure 1.7: Yokeless and segmented armature AFPM machine, Woolmer et al. [11]
Additionally, AFPM machines have been suggested for use as alternators in conventional
vehicles. Kulkarni [19] developed a machine running at 3000-15000 rpm, producing 910-
3000 W with 60% sheet metal construction, giving a significant improvement in weight and
specific power compared to a claw-pole alternator. Kulkarni notes that this machine has
the advantages of higher power density, lower weight and higher efficiency for speeds up to
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Figure 1.8: General Motors in-wheel AFPM motor, Rahman et al. [18]
20,000 rpm. The author integrated a centrifugal fan into the rotor design in order to increase
the air flow through the machine but achieved much lower measured flow rates compared
to predictions. Kulkarni discovered that the addition of certain fillers to the epoxy used for
stator potting improved stator cooling by improving thermal conductivity in the stator.
Generator sets
Axial flux permanent magnet machines can be integrated with internal combustion engines
(ICEs) to form generator sets (gensets) and have a number of benefits in this application
[20]: good efficiency; large moment of inertia, eliminating the need for a separate flywheel;
compact shape producing a smaller overall size; and finally, they can be used as an engine
starter. A slight disadvantage is the need for power electronics to produce 50 Hz AC (because
the higher pole count means AFPM machines tend to produce higher electrical frequency
outputs), but this can also be seen as an benefit since it allows for variable speed operation,
which means the ICE efficiency can be increased at part load. Bumby et al. [21] describe
two TORUS generator designs (20 kW and 40 kW) for a genset application, see figure 1.9.
Current densities of 20 A/mm2 were achieved in experiment, with acceptable temperatures
because of good direct air coiling by the rotors.
Very high speed (50,000 rpm) portable gas turbine generator sets with directly coupled
AFPM machines have also been researched e.g. by Pullen et al. [22], who used a multi-disc
air-cored design with Litz wire stator coils to reduce stator coil eddy current losses. Such
a machine is shown in figure 1.10. At such high speeds, mechanical considerations such as
drag, aerodynamic heating and circumferential forces require special attention.
Renewable energy
Both horizontal axis and vertical axis small-scale wind turbines have been constructed using
AFPM machines. Bumby and Martin [23] designed and tested a 50 cm diameter air-cored
AFPM generator capable of producing 1 kW at 300 rpm and 2 kW at 500 rpm, with effi-
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Figure 1.9: Genset using 40 kW TORUS
AFPM machine, Bumby [21]
Figure 1.10: High speed multiple disc
AFPM machine, Pullen [22]
ciencies of around 95%. The coreless stator design uses 12 concentrated circular coils which
are wound onto plastic bobbins and mounted within a plastic structure. Circular permanent
magnets are used and the flux distribution is calculated using 3D FEM and analytical meth-
ods and shown to form a sinusoidal hill shape around each magnet. The authors compare
the design to the TORUS topology, and note that the ironless machine is easier and cheaper
to manufacture because there is less difficulty in assembly (having no axial attraction force
between rotor and stator) and the machine has lower weight. The heat transfer analysis
is based on pure axial thermal conduction within the stator and assumes a convective heat
transfer coefficient value taken from experiment. The generator is designed to run at less
than 100○C and at a maximum current density of 4 A/mm2. Figure 1.11 shows the generator
integrated into a vertical axis wind turbine.
Figure 1.11: Vertical axis wind turbine with AFPM machine, Bumby et al. [24]
The AFPM machine lends itself to simple, low cost production in developing technologies
and can be easily integrated with a horizontal wind turbine as shown by Probst et al. [25]
who developed a 24 V turbine-generator for rural electricity production and battery charging
which operates reliably from 3–10 m/s without additional electronic load control.
CHAPTER 1. INTRODUCTION 30
Hydroelectricity is another renewable energy sector where AFPM machines could be success-
fully applied, as discussed by Caricchi et al. [26].
Micro-electro-mechanical systems (MEMS)
The geometry of AFPMs lends them to planar micro-manufacturing and they have been
applied successfully at the very small scale of MEMS devices [27, 28]. Figure 1.12 shows
a stator coil from a micro-sized AFPM machine stator from a rotational energy harvesting
device which was designed to produce small amounts of power (µW–mW) from fluid flow
in a duct. The applications include self-powered wireless sensor nodes in air conditioning
ducts and industrial pipelines. Arnold [29] gives a comprehensive review of micro- and
meso-scale rotational, oscillatory and hybrid electromagnetic MEMS generators. It is noted
that permanent magnet machines suit miniaturisation better than field-coil excited devices,
because permanent magnet flux density is independent of size. Also, ironless machines are
preferred since they are simpler and there are less static forces.
Figure 1.12: Stator coil of planar MEMS AFPM machine, Holmes et al. [27]
Other applications
Axial flux permanent magnet machines have also been researched and developed for marine
propulsion (e.g. [30, 31]), aircraft propulsion (e.g. [32, 33]), lifts/elevators [34], pumps
[35], mobile drilling rigs and computer hard drives [2].
1.2.2 Thermal aspects of AFPM machines
Having reviewed the thermal aspects of electrical machines in general in section 1.1, the
discussion now turns to the thermal aspects of air-cooled axial flux machines in particular.
There are a large variety of arrangements of AFPM machine geometry as already discussed.
Thermally speaking, however, there are essentially two types of air-cooled machine: (1)
totally enclosed and (2) through flow ventilated. Figure 1.13 illustrates the key heat transfer
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Figure 1.13: Heat transfer paths in a single airgap AFPM machine
paths in a typical AFPM machine (the arrows have been omitted for clarity in the right hand
side diagram). These include: conduction from stator to casing; conduction from rotor to
shaft; convection from casing to ambient outside air; convection from rotor and stator to air
inside the machine; radiation from stator to rotor, stator to case and rotor to case.
The dominant heat transfer mechanisms are likely to be convection and conduction although
radiative heat transfer also needs to be accounted for in machine thermal models. The
relative importance of these mechanisms depends on the machine design. For example, in
the single gap rotor-stator machine shown, the dominant heat transfer paths are conduction
from the stator to the case and convection to the internal air and then in turn to the case.
A double airgap machine with internal rotor, such as figure 1.5(c) is similar to this, but
repeated twice. However, in a double air gap internal stator machine such as figures 1.5(b,
d) there is less of a direct thermal conduction path available from the stator to the case, so
the dominant heat transfer path is from the stator to the air flow in the gap.
It is thermally advantageous to allow air to enter the machine, cool the stator and exit as
shown in figure 1.13(b), rather than to recirculate internally without being expelled. In
this scenario, air enters through holes in the case and exits at the outside periphery. In an
air-cooled AFPM machine the fluid motion is driven by a pressure difference caused by the
rotation of the rotor(s). Heat from the stator is transferred to the fluid by forced convection
and at the stator surface, the local convective heat transfer coefficient h is a function of the
fluid mechanics, i.e. the fluid properties, problem geometry and dynamics of the fluid motion
past the surface. The configuration of the airflow path is crucial to the thermal performance.
One of the key features of the airflow in this geometry can be appreciated by considering
a simple geometry as shown in figure 1.14, where a wedge section from a rotor-stator disc
system is shown. Applying the principle of conservation of mass to the entire circular system,
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if there is an inflow of air at some radius r1 and an outflow at radius r2 as indicated, then:
m˙ = ρA1v1 where A1 = 2zpir1 (1.3)
and m˙ = ρA′2v2 where A′2 = 2δpir2 (1.4)
In this case, v1 and v2 are the radial components of velocity at the inlet and outlet respec-
tively, A1 is the inlet area (normal to the radial component of flow) and A′2 is the effective
outflow area, which has an axial thickness of δ ≠ z.
r1
r2
z
A1
A2
outflow
inflow
Figure 1.14: Fundamental AFPM machine air flow considerations
If it is assumed that the fluid density does not change (a reasonable assumption in most
AFPM machines) then:
A1v1 = A′2v2 (1.5)
If it is further assumed that v2 ≥ v1 since the rotor causes a radial acceleration of the fluid,
then it is clear that A′2 ≤ A1 and since r2 > r1 therefore A′2 < A2. That is to say, the actual
cross-sectional area of outflow normal to the boundary must be smaller than the total avail-
able area at the periphery. In the remaining cross-sectional area of the periphery A2−A′2, the
radial component of fluid velocity is either zero or negative. Putting this another way, the
thickness of the fluid boundary layer at the outlet is less than the axial clearance between the
rotor and the stator, i.e. δ < z. Since the rotor is causing the fluid movement, the stagnant or
recirculating region must be at the stator side.
This recirculation or peripheral ingress at the stator is a basic feature of the flow in ventilated
rotor-stator systems and may have a strong effect on the heat transfer, depending on the gap
size. It may be eliminated by pressurising the inlet flow to increase the mass flow through
the system and thicken the fluid boundary layer in order to ensure that δ = z. However, in
the freely ventilated case where the rotor alone is pumping the fluid, as will be shown in
the present work, δ < z and a recirculation is always present to a greater or lesser extent
depending on the gap size. This is the case both for a flat rotor and a rotor with protrusions.
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Turbomachinery internal air systems exhibit geometric similarities to AFPM machines, hav-
ing enclosed and open rotors and stators as shown in figure 1.15. A large body of theoretical,
numerical and experimental work in this field has been undertaken and there is a good un-
derstanding of the fluid mechanics in the internal air system. However, there are very few
published stator disc heat transfer results. The fluid velocity, pressure and temperature fields
will not be symmetrical in the (r, θ) plane and therefore the convective heat transfer coeffi-
cients at the stator are not the same as those at the rotor.
Figure 1.15: Turbomachinery internal air system, from [36]
1.3 Focus and aims of research
Based on the preceding sections and the literature review given in chapter 2, it is clear
that the thermal aspects of electrical machines are crucial in determining their lifetime and
power density. Axial flux permanent magnet machines offer much promise particularly in
high power density applications such as electric and hybrid vehicles. Thermal analysis is
vital in determining performance at design stage, and an understanding of stator convective
heat transfer and fluid mechanics in rotor-stator systems is central to the thermal analysis of
AFPM machines.
The objectives of the present research are therefore as follows:
1. Measurement and understanding of stator heat transfer in the rotor-stator gap of a
rotor-stator disc system.
2. Comparison of experimental measurements with numerical predictions.
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3. Identification of the main geometric and fluid parameters affecting stator heat transfer
in AFPM machines and rotor-stator systems, and discussion of the means of improving
stator heat transfer.
4. Investigation of the effect of stator heat transfer on power density and efficiency.
Given the wide variation in available configurations and geometries of AFPM machines, it
was decided in the present work to focus on a simplified through-flow ventilated rotor-stator
system with a flat rotor and a flat stator. Real electrical machines are geometrically more
complex than the simplified rotor-stator system discussed here. However, studying a simpler
system allows comparison with historical work on rotor-stator systems and provides a basic
understanding of stator convective heat transfer, as well as tending to give a conservative
estimate of stator heat transfer. A brief exploration of the effect of rotor protrusions (such as
permanent magnets) on the air flow has also been undertaken.
1.4 Outline of thesis
Chapter 1 (Introduction) has introduced the importance of the thermal aspects of electric
machines, described the various disc type machine geometries that are available with their
applications, and discussed the thermal analysis of disc type machines, in particular the axial
flux permanent magnet (AFPM) machine.
Chapter 2 (Literature review) surveys the work done by others regarding methodologies
for thermal analysis for electrical machines, and reviews previous work on fluid flow in
rotor-stator systems.
Chapter 3 (Prediction of convective heat transfer) discusses the analytical and numerical
methods that can be used to predict heat transfer in rotor-stator systems, and focuses on
the use of computational fluid dynamics (CFD). Numerical models of the geometry in ques-
tion are introduced and arguments for choice of mesh, turbulence and transition model are
presented.
Chapter 4 (Measurement of convective heat transfer) discusses the design of the ex-
perimental rig that was built to measure stator heat flux in a rotor-stator disc system. A
dimensional analysis of the problem is conducted, as well as the minimisation of unwanted
heat losses and gains, and the calculation of systematic and random uncertainties.
Chapter 5 (Results) presents and compares the results of the CFD studies and the experi-
mental measurements.
Chapter 6 (Discussion) discusses the results of the preceding chapter, identifying trends
and flow features and discussing discrepancies between predicted and measured results.
Chapter 7 (Conclusions) summarises the work undertaken in this thesis and makes sugges-
tions for future work.
Chapter 2
Literature review
In recent years various studies have been undertaken on the thermal aspects of electrical ma-
chines. However, the vast majority of these have been directed at radial flux geometries such
as induction motors. None of the convective heat transfer results for radial flux geometries
can be applied to the rotor-stator gaps in axial flux machines since the internal fluid flow is
completely different. Nevertheless, the same methodologies can be used in both geometries.
The lumped parameter (LP) thermal equivalent circuit method is widely used in electrical
machine design of both radial and axial flux machines. This approach allows designers to
carry out fast transient calculations with complex load cycles and investigate the evolution
of the internal temperatures over time. However, the LP method is only as good as the input
correlations used for thermal contact resistances, convective heat transfer coefficients and
air flow modelling and therefore computational fluid dynamics (CFD) and finite element
analysis (FEA) are being increasingly applied to investigate the thermal design of electrical
machines in more detail, combined with experimental validation using carefully controlled
heat transfer experiments.
In this chapter, the first section (2.1) reviews both of these methodologies – lumped pa-
rameter models and CFD/FEA – in application to both cylindrical and disc type electrical
machines. This is followed by a detailed review (section 2.2) of past work on fluid mechan-
ics and heat transfer in rotor-stator systems, where there exists a large body of literature
concerning both analytical/numerical work and experimental validation. Most, if not all,
research on rotor-stator systems has been undertaken with turbomachinery applications in
mind. In turbomachinery, the accurate prediction of leakage flows and coolant flows between
rotor and stator discs is of great importance in order to avoid both failure and inefficiency.
Heat transfer from the rotor to the fluid in the gap is important and has been studied in
depth. However, despite the large amount of work that has been done in this area, there
is very little mention made specifically of stator heat transfer, which is directly relevant to
disc type electrical machines, and there appears to be a gap between the subject areas of
turbomachinery and electrical machines, despite some apparent similarities.
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2.1 Electrical machine thermal analysis methodologies
2.1.1 Lumped parameter models
Lumped parameter thermal models, which can be solved using circuit analysis methods, are
the most popular way to evaluate the thermal performance of electrical machines generally
and are used by many authors. For example, Mellor et al. [37] developed lumped parameter
models for 5.5 kW and 75 kW totally enclosed fan cooled (TEFC) induction machines. The
models include thermal storage components as well as conduction, contact and convection
thermal resistances and translate to a set of linear differential equations which can easily
and quickly be solved by a computer, or even in realtime by a microprocessor (for condition
monitoring). Transient results are compared to experiment and shown to be quite accurate.
There is some question about the validity of the convective and contact resistances, but the
authors show with a sensitivity analysis that the final temperatures are relatively insensitive
to changes in any one individual thermal resistance value.
Another example of a lumped parameter model applied to a radial flux electrical machine
is given by Nerg et al. [38], who apply the method to the thermal design of a 430 kW high
speed induction machine, a 45 kW permanent magnet machine and a 1.56 MW permanent
magnet machine (figure 2.1 shows the thermal lumped parameter network for the 430 kW
machine). They find reasonable correlation between experimental and predicted steady
state temperatures although a limited dataset is presented. For the geometries considered,
they found that the most crucial material parameter was the winding thermal conductivity
in the radial direction; they also found that obtaining knowledge of the rotor and stator to
air convection coefficients in the radial gap was important. Particular challenges in thermal
design of radial flux machines are these parameters and also the convection coefficients for
the end-windings.
Commercially available software called Motor-CAD (from Motor Design Ltd.), which makes
use of lumped parameter modelling, is available for the thermal analysis of various radial
flux geometries. Staton and Cavagnino [39] discuss the Motor-CAD approach in detail.
Solid domain lumped parameters such as thermal resistances are calculated based on their
material and geometry. Surface parameters such as radiative and convective heat transfer
coefficients are calculated based on geometry, view factors and empirical correlations from
the literature. However, the convection coefficients typically require the local air flow speed
as an input, and therefore a simple flow model is also included which treats the flow as a
network and calculates pressure drops from pipes, bends, contractions and expansions using
empirical correlations.
Turning to disc-type geometries, Spooner and Chalmers [20] describe a lumped param-
eter model for an AFPM machine which includes resistances associated with conduction
through solid components, surface convection heat transfer coefficients and contact resis-
tances. These were obtained by tests on a dummy generator although it is not mentioned
how the surface heat transfer coefficients were obtained (a fixed value of h = 150 W/m2K was
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Figure 2.1: Lumped parameter model of half a radial flux electrical machine, Nerg [38]
assumed). The authors also measured the pressure difference and air mass flow rate across
the machine at a given speed. Thermal soak tests were carried out at various conditions
and temperatures measured by measuring stator resistance. It was found that the thermal
model predicted temperatures consistently above the measured temperatures, with a mean
difference of 11 K and a standard deviation of 11 K. The authors suggest that measurements
may be below the predicted temperatures because of a flaw in the measuring technique, and
therefore it is difficult to be conclusive about these results.
Sahin et al. [40] investigated the thermal performance of a high speed (16,000 rpm, 30 kW)
water-cooled AFPM machine with integrated flywheel running in a partial vacuum, designed
for a hybrid vehicle application. The LP model is shown in figure 2.2. The authors used the
correlations of Daily and Nece [41] to calculate the drag on the high speed rotor but apply
heat transfer correlations from a rotating cylinder (i.e. radial flux geometry) to calculate the
convection heat transfer in the rotor-stator gap.
Scowby et al. [42] measured pressure drop versus air mass flow rate at various speeds in an
860 mm diameter, 300 kW, 2300 rpm AFPM machine, and constructed a one-dimensional
empirical model of fluid flow through the machine. The rotor had straight radial blades at
the hub to assist in pumping air through the machine. Their sensitivity analysis based on the
model shows some interesting results, for example decreased gap ratio improves cooling –
this is consistent with others (see section 2.2), where Nusselt number is observed to increase
with decreased G because of increased shear stress in the flow. (The Nusselt number refers
to the non-dimensional wall heat transfer coefficient; this is discussed in detail in section
3.2.5; in addition all non-dimensional groups relevant to the present work are fully explored
in section 4.1.4.)
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Figure 2.2: Lumped parameter thermal circuit for high speed AFPM machine, Sahin [40]
Wang et al. [43] also developed a one-dimensional lumped parameter thermal network
model for a 250 kW, 1400 rpm AFPM machine with protruding magnets using a similar
empirical approach, shown in figure 2.3. Their methodology is to derive a fluid flow model
(relating flow rate to pressure drop at a given shaft speed) and then to solve a lumped pa-
rameter heat transfer model in sections through the machine. The surface convective heat
transfer coefficients are derived from the fluid flow model and empirical correlations from
the literature. In the fluid flow model, various empirical loss factors from the literature
are applied to account for pressure drops due to recirculation, sudden expansion and slip
factors. The validity of the one-dimensional model is unclear from the experimental temper-
ature measurements presented. In both Scowby et al. and Wang et al. the authors comment
that suitable stator convective heat transfer correlations could not be found in the literature,
so they apply rotor correlations (from elsewhere) to the stator.
Figure 2.3: Lumped parameter thermal model of an axial flux electrical machine, Wang [43]
Martin [44] constructs a simple lumped parameter 1D thermal model (see figure 2.4) based
on some assumptions about heat transfer in the machine. For example, all heat transfer is
assumed to be axial and dissipated through convection at the stator surface. A fixed exper-
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imental convective heat transfer coefficient (h=60 W/m2K) from another previously built
machine is used and improving on this is considered the subject of further work, beyond
Martin’s thesis. In Martin and Bumby’s 2005 paper [23] based on a section of the same
work, the authors estimate a heat transfer coefficient of h=50 W/m2K from previous ex-
perience during design, and from experimental measurements confirm an average value of
approximately 60 W/m2K. Steady state core temperature was 85○C and surface temperature
43○C at room temperature 18○C after a prolonged thermal soak test.
(a) Cross-section through stator coil (b) Thermal LP circuit
Figure 2.4: AFPM machine thermal model, Bumby and Martin [23]
Lim et al. [45] developed a 2D lumped parameter thermal model of an AFPM machine
using thermal equivalent circuit networks for both the fluid flow domain and the stator
(solid domain). The LP approach is questionable for the modelling of the fluid domain in
an AFPM machine because a gross assumption must be made about the fluid mechanics and
here it is assumed that all of the fluid flows from the centre of the machine to the outside
edge and then exits, which may not be the case (see section 2.2). In Lim’s model the local
spatially resolved values of the convective heat transfer coefficient h(r) must be obtained
from elsewhere, and the authors use computational fluid dynamics (CFD) studies to calculate
h(r), but this means there is no apparent benefit to the 2D lumped parameter approach. If it
is desired to identify temperature hot spots at design stage then it would be more beneficial
to use a CFD code for the fluid domain, coupled directly with a numerical solution of the
heat equation in the solid domain. If however only the average operating temperature of the
stator is desired, then an average value h¯ (derived from CFD and/or experiment - the subject
of the present work) could be applied to the whole stator for a given heat input in order to
find the average temperature, and the LP model of airflow would not be necessary.
In summary, the LP method has the advantages of being fast to compute and straightforward
to set up. It is able to handle not only steady state but also transient calculations, in real-
time if necessary. Since many materials used in machine construction (e.g. copper, steel)
are highly thermally conductive in comparison to surface heat exchange rates (i.e. the Biot
number is low), the ‘lumped’ assumption should be acceptable as long as the geometry is
correctly modelled. However, the applicability of the empirical correlations that are used to
derive radiative and convective heat transfer coefficients and air flow rates will ultimately
determine the validity of a LP model. AFPM machines are inherently more three dimensional
in nature than radial flux machines and the air flow in the rotor-stator gap sees an expanding
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cross sectional area from r = 0 to r = R (unlike in a radial flux geometry). It is suggested
that a simple LP airflow model for an AFPM machine will not work well because it does not
capture the subtleties of the flow which have a direct influence on the stator heat transfer.
In addition, relevant stator heat transfer correlations do not exist in the literature.
2.1.2 CFD and FEA models
Due to a lack of spatial resolution, lumped parameter methods cannot necessarily predict
thermal hot spots. For this reason, some authors have turned to 2D and 3D FEA in order
to predict temperatures throughout a machine with higher spatial resolution. An example
is Rajagopal et al. [46] who use a 2D axi-symmetrical model to predict temperatures in
the r, z plane, for a radial flux machine. Results are within 5% of measurements, but the
authors note that the calculated stator temperatures are sensitive to the surface heat transfer
coefficient value (which is obtained from empirical data).
Maynes et al. [47] used CFD and FEA to simulate air flow and heat transfer in a radial
flux 27.5 kVA car alternator and compared predictions to experimental measurements on a
geometric mockup with cartridge heaters. They comment that most alternator failures are
due to breakdown of winding insulation which is related to local temperature, so tools such
as CFD and FEA are important to try and predict and prevent such failures. A two-layer k-
turbulence model (see section 3.2.7 for a review of various turbulence models) was used
and thermal conduction in the solid components was also modelled. In general, predicted
and measured temperatures agree well although CFD tended to over-predict temperatures in
certain areas; the authors attribute this to various geometric simplifications made in the CFD
model. It was found that CFD was not only a useful predictive tool but gave insight into the
important heat paths for this geometry, for example about a third of the stator heating was
conducted to the structural members and outside cover before being removed by convection,
effectively increasing the surface area available for heat removal.
As mentioned in the previous section, the convection around the end-windings in induction
machines is important for the thermal performance. This was explored by Micallef et al. [48]
who used CFD to investigate cooling of end windings in a TEFC induction motor and found
good correspondence between CFD predicted and experimentally measured flow velocities
in the end winding region.
Tenconi et al. [49] present an integrated traction motor with power electronics, with a water
cooling system that circulates through both. Thermal conduction 2D FEA simulations of
the motor were undertaken, making use of a ‘dummy’ anisotropic material in the stator
windings to avoid having to model each winding in detail, but still having the required
thermal properties. Good agreement between simulated and measured temperatures was
achieved. Determination of thermal contact resistances is identified as a key challenge.
Kim et al. [50] studied the thermal aspects of a 1200 rpm 270 mm diameter radial flux brush-
less DC motor using a 1/5th circular slice 3D CFD model with about 1.2 million nodes. They
found that a recirculation zone caused by flow separation led to poor cooling performance
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because the heat was not convected away from this zone and therefore the local temperature
increased. The RNG (renormalization group) k- turbulence model (see section 3.2.7) was
used. Comparisons between CFD and experimentally measured temperatures are within 5%
using this turbulence model. A redesign was undertaken which allowed cooling performance
to be improved by 24%; this would not have been possible without the use of CFD.
Few studies have applied CFD to AFPM machines. Airoldi et al. [51, 52] undertook CFD
modelling of the fluid flow in an AFPM machine, with experimental validation, using a
geometric mock-up of the machine which included a rotor with protrusions to simulate the
effect of the permanent magnets on the airflow. The stator was a heated aluminium block.
The system had a diameter 0.3 m and maximum speed 1500 rpm (3000 rpm in CFD studies),
which gives a maximum rotational Reynolds number of about 4.5e5 for the CFD, and half this
for the experiment. (Rotational Reynolds number Reθ = ωR2/ν is discussed in chapter 3.)
Correlation between CFD and experiment for mass flow rates and temperatures was found,
although a limited data set is presented (only one data point for mass flow rate and only
four for temperature) so it is difficult to draw conclusions. There is no comparison between
experimentally and computationally derived values of h(r). In CFD simulations, a peripheral
flow recirculation was observed, but the effect of this on the lumped parameter modelling is
not discussed.
There is a further aspect of this work which needs to be explored: the question of the refer-
ence temperatures used in the definition of the convective heat transfer coefficient. Airoldi
et al. calculated h from CFD results using the air temperature in the centre of the rotor-stator
gap as the reference. However, it is recognised [36] that it is often difficult to measure the
local fluid bulk temperature in rotor-stator systems. Therefore the accepted convention in
these kinds of experiments is to use the ambient inlet fluid temperature as the reference
temperature. Either definition is useful, but if the results from experiments are to be used
predictively then it is important that a consistent definition is used. The benefit of using the
fixed fluid inlet temperature is that measured values of h can be used predictively to deter-
mine stator surface temperature without requiring a fluid model. However, this requires a
close match of geometry and mass flow rate between the setup used for the experimental
measurements and the setup used for the calculations, to which h is being applied. This
issue is further discussed in section 3.2.5.
Marignetti et al. [53] undertook CFD modelling of an AFPM machine using a combined
simulation which modelled fluid flow as well as thermal conduction in the solid domain.
The authors assumed that the flow was laminar. The comparison between simulation and
experiment was poor using 2D axi-symmetric modelling, but reasonable using a 3D model.
2.2 Rotor-stator flows
There is a huge amount of literature on rotor-stator flows and therefore to limit the scope
of this section to a manageable size, the following survey is focused chiefly on literature
CHAPTER 2. LITERATURE REVIEW 42
that deals with smaller gap sizes (G < 0.05) and involves heat transfer and through-flow of
air in the rotor-stator cavity. A mixture of experimental, analytical and numerical work is
reviewed, with a slight preference for the former. A large number of possible configurations
of rotor-stator systems are possible; figure 2.5 shows many of these, taken from [6, pg. 16].
In addition to the configurations and methodologies covered below, a range of other options
have been explored in the literature, e.g. counter-rotating disks and large aspect ratios, but
these are not reviewed here since they are less relevant to disc type electrical machines. Also,
all discs have a peripheral ‘drum’ section which can be significant, but this is outside the
scope of the present work and not reviewed here. Note that in chapter 3 further reference is
made to rotor-stator literature on CFD that is not necessarily covered in the current chapter.
Table 2.1 summarises relevant literature relating to the fluid mechanics and heat transfer of
rotor-stator systems.
Figure 2.5: Some of the many possible rotor-stator configurations, ESDU [6]
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2.2.1 Books and reports
A thorough overview of flow in rotating components is given in a 2007 report from the
Engineering Sciences Data Unit (ESDU) [6] covering discs, cylinders and cavities. Over 100
citations are reported in this document, many of these are discussed directly below. The
focus of the report is largely on fluid mechanics though and there is little mention of heat
transfer. There is a reference to torque measurements made on stationary discs with net
radial inflow of air. It is noted that the measured stator torque was always lower than the
rotor torque [6, pg. 43]. Other than this there is no mention of stator surface effects in
general.
An earlier book (1963) by Dorfman [59] examined analytical solutions and experimental
results for laminar and turbulent flow and heat transfer for a rotating free disc. Dorfman
also considered a rotor-stator system, discussing experimental results for the variation of
moment coefficient with rotational Reynolds number and gap ratio.
The monograph by Owen and Rogers [36] gives a comprehensive review of both their work
and the work of others up to 1989. The authors discuss the various analytical solutions for
both free disc and rotor-stator situations, then compare experimental data and analytical
solutions before turning to rotor-stator systems with and without superposed flow and then
to heat transfer in rotor-stator systems. A variety of situations are discussed, including the
influence of impinging jets on heat transfer. All of the heat transfer detail concerns the rotor;
there is no specific mention of stator heat transfer despite the discussion of a wide variety
of rotor-stator configurations. A second volume by the same authors [85], written in 1995,
concerns flow in rotating cavities and so is less relevant to the present work.
2.2.2 Fluid mechanics and heat transfer of the free disk
In a seminal paper in fluid mechanics, von Ka´rma´n [54] found a solution to the Navier-
Stokes equations in the case of an infinite radius rotating disk, figure 2.5(a). He showed
that the disc drags fluid from the rotor centre to the outside edge and that fluid is drawn
in axially towards the rotor to replace the fluid which has been pumped out, figure 2.6. By
assuming the flow was axi-symmetric, he reduced the partial differential equations (PDEs) to
a set of four coupled ordinary differential equations (ODEs) to solve for the non-dimensional
variables Vr/rω, Vθ/rω, Vz/δω and p/µω as functions of z√ω/ν only. These can be solved
numerically or by approximate analytical (momentum-integral) methods. He investigated
both laminar and turbulent flow, the latter using power-law velocity profile assumptions.
The same approach can be applied to a rotating fluid above a stationary surface, figure 2.5(b)
where it is found that the opposite effect occurs, i.e. the fluid near the surface is slowed down
and moves radially inwards; for this reason tea leaves in a cup that is stirred tend to collect
in the middle at the bottom of the cup. Bringing together these two scenarios (spinning rotor
in a stationary fluid and spinning fluid by a stationary rotor) gives some idea of what might
happen in a rotor-stator system, which is discussed in the next section.
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Figure 2.6: Free rotor disk flow (LHS: streamlines, RHS: velocity components), White [86]
Cobb and Saunders [57] measured heat transfer from an 18 inch diameter rotating disk
spinning up to 2000 rpm. The disk was electrically heated with an additional ‘guard heater’
around the periphery to eliminate radial heat flow from the outside edge. A correction was
also made for conduction along the shaft. It was found that for turbulent flow the heat
transfer could be correlated according to:
Nu = 0.015Re0.8θ (2.1)
Transition was observed to occur at Reθ ≈ 2.4e5. In the laminar regime 1e5 < Reθ < 2e5 the
authors’ results can be correlated by:
Nu = 0.36Re0.5θ (2.2)
Applying the Reynolds analogy (see section 2.2.4), Cobb and Saunders found that the turbu-
lent rotor heat transfer correlation, equation (2.1), could be derived accurately from torque
measurements.
2.2.3 Fluid mechanics of rotor-stator systems
Batchelor [55] studied mathematically the flow between infinite coaxial discs using similar
methods to von Ka´rma´n, proposing that particularly at large Reynolds numbers there would
be an inviscid rotating core of fluid between separate laminar or turbulent boundary layers
located on the rotor and stator respectively. The rotation speed of the core is approximately
40% of the rotor disc speed (this ratio is known as K, the entrainment coefficient; it may
vary with radius). This type of rotor-stator flow with core rotation is often called ‘Batchelor
flow’. In the core the fluid rotates with almost zero radial and axial velocity and a radial
pressure gradient balances the centrifugal force:
ρ
V 2θ
r
= dp
dr
(2.3)
Stewartson [56] considered the laminar flow between two infinite rotating coaxial disks in
three situations: both disks rotating in the same direction; one disk stationary; and the disks
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counter-rotating. He proposed that in the rotor-stator case the tangential velocity drops
away from the rotor surface to zero at the stator surface, with no core rotation.
Batchelor and Stewartson appear to give very different views of the flow in a rotor-stator
gap and until the early 1980s there was some controversy over who was correct. However,
both authors based their calculations on infinite diameter discs and subsequently it has been
shown that with finite diameter discs, it is the condition at the boundary that determines
whether the flow will tend toward a Batchelor or a Stewartson type pattern. Batchelor flow
is usually observed in enclosed systems where a recirculation of fluid from rotor to stator
occurs at the periphery. In systems which are open at the periphery and have radial through-
flow, Stewartson flow may be seen since the core rotation is often diminished or destroyed
and the fluid tangential velocity tends toward zero at the stator.
Soo [87] analysed laminar flow over an enclosed rotor using approximate methods and
suggests that, for rotor cooling, radial outflow is more effective than radial inflow. Figure
2.7 shows a range of streamlines for the laminar case with open periphery and superposed
in/out flow.
Figure 2.7: Typical streamlines for laminar flow in small clearances with no case at the outer
edge, from Soo [87]; (a) radial outflow, large pumping rate (b) radial outflow,
smaller pumping rate (note separation bubble on stator) (c) no superposed flow
(d) radial inflow, small pumping rate (e) radial inflow, large pumping rate
The smooth transition from Batchelor to Stewarston flow (or vice versa) is illustrated in the
work of Poncet et al. [80, 81] who experimented with a rotor-stator system under three con-
ditions: no superimposed through-flow, radial inflow, and radial outflow. The authors used
gap ratios 0.012 < G < 0.048 concentrating mainly at G = 0.036; Reynolds numbers Reθ =(1e6,4.15e6), and through-flow rates of Cw = (−9881,−5929,−1976,0,1976,5929,9881). (See
section 4.1.4 for a definition of Cw.) Water was the working fluid and laser doppler anemom-
etry (LDA) was used for velocity measurements in the gap. They also measured radial pres-
sure distribution. Measurements were compared to CFD predictions using a Reynolds stress
model for turbulence. The authors observe that when a radial inflow (which they term a
centripetal flow) is superimposed, the flow remains Batchelor type and K increases; in some
situations the core is spinning at the same speed or faster than the rotor. When a radial
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outflow (with they term a centrifugal flow) is superposed the flow becomes Stewartson type
and the core rotation diminishes or disappears. The authors show that the transformation
from Batchelor to Stewartson flow can be quantified for all gap sizes tested by plotting the
mean value of K versus Cqr, as shown in figure 2.8. The variable Cqr is a local flow rate
coefficient defined in [88] as follows (with Rer being the local Reynolds number ωr2/ν and
Q being the volumetric flow rate through the system):
Cqr = QtRe1/5r2pir3Ω (2.4)
Figure 2.8: Entrainment coefficient K versus through-flow coefficient Cqr, Poncet et al. [80]
In a disc type electrical machine a range of configurations are possible: the periphery may be
fully enclosed, partially enclosed or open but surrounded by a grill or mesh. There may be
significant rotor pumped radial through-flow and in high speed machines there may be fan
or compressor assisted radial through-flow. It is therefore difficult to say definitely whether
the flow will tend towards a Batchelor or Stewartson pattern since it depends on the partic-
ular configuration, and the actual flow pattern may be a combination of both regimes. In
addition, many machines have magnets protruding from the rotor(s) and these will change
the flow pattern.
Daily and Nece [41] measured rotor moment coefficients (Cm) in an enclosed rotor-stator
system with no through-flow, for 4e3 < Reθ < 6e6 and G = (0.0227,0.0609,0.112). They
observed four distinct flow regimes depending on G and Reθ, shown in figure 2.9:
• Regime I: merged laminar rotor and stator boundary layers, occurring for small values
of G and Reθ.
• Regime II: separate laminar boundary layers, at larger values of G and small Reθ.
• Regime III: merged turbulent boundary layers at smaller G values and larger Reθ.
• Regime IV: separate turbulent boundary layers at larger G and Reθ values.
Regimes II and IV correspond to a Batchelor type flow with core rotation. The distinction
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between each regime is not sharp but occurs over a range of values of G and Reθ. They also
measured the effect of surface roughness on the flow, finding that this only made a difference
to Cm in the turbulent regime, Reθ > 2e5. Rotor surface roughness seems to be at least as
important a parameter as G.
Figure 2.9: Four regimes of flow, after Daily & Nece [41], from Owen & Rogers [36]
Bayley and Conway [60] measured drag torque (moment coefficient, Cm) and pressure drop
Cp in an experimental turbulent 30 inch diameter rotor-stator system with variable gap
ratio 0.004 < G < 0.06 and speed up to 4000 rpm, with superimposed radial inflow of air
in the gap. The authors chose to measure torque on the stator rather than the rotor and
make inferences about the rotor torque from this. They found that increasing the gap size
decreased the moment coefficient, whereas increasing the inflow rate or Reθ increased the
moment coefficient. Both Cm and Cp were found to depend on Reθ,G and Cw.
Bayley and Owen [62] investigated a similar system but with superimposed radial outflow.
They used a 2D numerical prediction (based on Patankar and Spalding’s method1) to pre-
dict the rotor drag torque, pressure distribution and velocity profiles, with a mixing-length
turbulence model. They measured rotor torque and speed and pressure distributions in the
gap via pressure tappings in the stator. The numerical predictions for outlet velocity and ra-
dial pressure distribution were reasonable compared to experiment, but the predictions for
Cm were variable and the authors suggest that a more sophisticated form of eddy viscosity
model is probably required.
Bayley and Owen [63] also undertook experiments using largely the same apparatus as just
described, but attaching a shroud at the periphery. They show in this situation how the
moment coefficients increase with increased mass flow rate and decreased shroud clearance,
but are reasonably independent of g. They used the Reynolds analogy to estimate the rotor
heat transfer although they comment that with the addition of the shroud the boundary
layer assumptions are no longer valid and therefore this yields ‘a qualitative estimate of Nu’
only. The presence of a shroud increases Cm for a system with forced radial outflow of
air, because of the increased shear stress in the fluid in the rotor-shroud gap. The radial
1Patankar and Spalding developed an algorithm for solving the Navier-Stokes equations implicitly; this still
underpins many modern CFD codes
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pressure distribution is largely unchanged by the shroud, but changed at the very outer radii
(r/R > 0.86). The minimum pumped mass flow rate of air to prevent ingress at the periphery
was strongly affected by the shroud clearance.
Itoh et al. [68] measured velocities in detail in a turbulent enclosed rotor-stator system of
radius R = 250 mm and gap size g = 20 mm (i.e. G = 0.08) at Reθ = 1e6 using traversing
hot wire anemometer probes at four radial positions. They were able to extract both mean
flow rate data u¯1, u¯2, u¯3 as well as fluctuating components e.g. u′1 and therefore the Reynolds
stress components u′21 , u′22 , u′23 , u′1u′2, u′2u′3, u′1u′3. In this Batchelor flow system it was found
that all the components of non-dimensionalised Reynolds stresses were larger in the stator
boundary layer than in the rotor boundary layer. It was also found that the shear stress
vectors and velocity gradient vectors were not aligned.
Elena & Schiestel [71] applied five different turbulence models to flow prediction in an en-
closed rotor-stator cavity, including their own ‘differential stress model’, and suggest that the
Reynolds stress model provides a better prediction of turbulence in this system, accounting
for the effects of rotation in producing a non-homogeneous turbulence field. The gap ratio
G was 0.08, with Reθ = 1e6.
Iacovides, Nikas and Braak [89] assessed various turbulence models in application to rotor-
stator systems with and without throughflow as well as rotating cavities and co-rotating
disks, concluding that models which do not rely on wall distance in their formulation (i.e.
wall functions) may have a wider range of applicability.
A study by Schouveiler et al. [75] illustrates in detail the various transition processes that
occur in a rotor-stator system. The authors investigated an enclosed system with and without
a shroud, using water as the fluid, using a visualisation technique based on tracer particles
suspended in the flow and also ultrasonic anemometry for velocity measurement. Gap ratios
0.007 < G < 0.143 and 1e4 < Re < 1.9e5 were investigated. They found that when g was
greater than the total thickness of the rotor and stator boundary layers, transition occured
at the stator first by circular and spiral waves destabilising the boundary layer. With merged
boundary layers they found the formation of turbulent spots and spirals which progressively
overtake the laminar layer.
Jacques et al. [76] undertook direct numerical simulations (DNS) on an axi-symmetric en-
closed rotor-stator cavity with G = 0.125 up to Reθ = 1e6, finding that the rotor and stator
boundary layers exhibit quite different turbulence and stability characteristics. Transition
occurred first on the stator. Good agreement between predicted and measured (Daily and
Nece) rotor torque was found.
It should be noted that the air inlet and outlet conditions in the rotor-stator system are very
important in determining the amount of air flow through the system. Idris et al. [90, 91]
investigated the discharge coefficients of rotating axial orifices and found that they were
strongly dependent on rotational speed and incidence angle (i.e. the angle between the flow
and the orifice passage). Under the range of conditions investigated they found that the
greatest discharge coefficients occurred when the incidence angle was close to zero and
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the authors give a procedure for evaluating this, taking into account geometric parameters
such as orifice chamfering and length-diameter ratio. Idris et al. [92] also investigated the
discharge coefficients of rotating radial orifices and found that the pumping effect due to the
radial orientation caused a significant pressure increase and that this was more prevalent
when the orifices were angled in the direction of disc rotation so that the flow entry losses
were reduced. In the radial case, as in the axial case, the incidence angle plays an important
role in determining the discharge coefficient.
2.2.4 Rotor heat transfer in rotor-stator systems
Soo et al. [58] examined heat transfer in a laminar rotor-stator system with and without
radial outflow. The rotor was isothermal and the authors used analytical methods to in-
vestigate rotor heat transfer at very low Reynolds numbers (Rem < 100 where Rem is the
Reynolds number based on the radial velocity and gap size). The Nusselt number was de-
fined as Nu = hg/k (i.e. with gap size as the characteristic length).
Kapinos [61] investigated rotor heat transfer in a rotor-stator system with core rotation,
assuming a 1/7th power law turbulent velocity profile for both Vr and Vθ and using the
approximate momentum-integral method. The Reynolds analogy (see next paragraph) was
then applied to estimate the Nusselt number assuming a quadratic surface temperature pro-
file. Kapinos defined the local Nusselt number as Nu = hr/k (i.e. with local radius as the
characteristic length).
Owen [64] applied the Reynolds analogy to a rotor-stator system assuming a turbulent
Prandtl number of unity and equal radial and tangential eddy viscosities. The Reynolds
analogy makes use of the fact that for the free rotor, a similarity exists between the energy
equation and the tangential momentum equation if the temperature is non-dimensionalised
to Θ = (T −T∞)/(T0−T∞) and the tangential velocity is non-dimensionalised to Φ = Vθ/(ωr):
Vr
∂Φ
∂r
+ 2ΦVr
r
+ Vz ∂Φ
∂z
= ∂
∂z
(ν ∂Φ
∂z
−Φ′V ′z) (2.5)
Vr
∂Θ
∂r
+ 2ΘVr
r
+ Vz ∂Θ
∂z
= ∂
∂z
(α∂Θ
∂z
−Θ′V ′z) (2.6)
The boundary conditions in each case are the same, Φ (r,0) = Θ (r,0) = 1 and Φ (r,∞) =
Θ (r,∞) = 0. Assume firstly that Pr = 1, hence ν = α (i.e. viscous diffusivity equals thermal
diffusivity; this follows from the definition of Prandtl number, it is a ratio of thermal to
viscous diffusion rates). Secondly, ‘turbulent’ Prandtl number Prt = V ′θV ′z ∂Vθ∂z /T ′V ′z ∂T∂z is also
assumed as approximately equal to unity. Under these assumptions, the solutions to these
equations are the same and Φ(r, z) = Θ(r, z), after Dorfman [59]. Owen extends this concept
to include frictional heating effects and shows that the adiabatic rotor disc temperature is
given by:
Tad = T∞ + 12ω2r2
cp
(2.7)
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Finally, by assuming that the tangential velocity component dominates even in a rotor-stator
system, Owen shows that the Reynolds analogy can be applied to rotor heat transfer in such
a system too and under some conditions even when there is superimposed radial outflow.
The author suggests that the rotor heat transfer is controlled by the superimposed mass flow
rate at high pumping levels (when the ratio of Rer to Reθ is greater than about 0.875) but
controlled by Reθ at lower pumping levels.
In another paper by Owen [65], rotor heat transfer in an unshrouded rotor-stator system
with air admission at the stator centre is investigated using a mixing-length model and the
Spalding-Patankar method to solve the equations on a finite-difference grid. The effects
of frictional heating were included and agreed with the work of others. At high Reynolds
numbers the rotor heat transfer predictions compared well with the experimental work of
Kapinos [61]. It is observed that forced superimposed flow should increase the heat transfer
rates compared to the free disk case, but this depends on G, Cw and Reθ.
Chen, Gan and Owen [70] investigated rotor heat transfer in a shrouded rotor-stator system
with outflow of air, with G = 0.12, Reθ < 1.2e6 and Cw < 9860, using seven radially located
flux meters and LDA for velocity measurements. Results were compared to those obtained
with a low Reynolds number k- turbulence model, finding good agreements between mea-
sured and computed velocities and Nusselt numbers. They found that increasing Cw reduced
the core rotation and the radial inflow at the stator.
In all publications authored or co-authored by Owen, local Nusselt number is defined as
Nu = hr/k and average Nusselt number as Nu = h¯R/k.
Djaoui et al. [73] investigated a rotor-stator system with superimposed radial inflow, with
750 mm diameter discs spinning at 1500 rpm (Reθ = 1.44e6) and a heated stator, with
fluxmeters and thermocouples mounted on the surface. Hot wire anemometry was used for
velocity measurements in the cavity. Measurements were taken at a fairly large gap size,
G = 0.08. The superimposed inflow was observed to enhance the core rotation and the stator
heat transfer, particularly at inner radii. The local Nusselt number was defined using the gap
size g as the characteristic length.
Roy et al. [74] investigated rotor heat transfer in a rotor-stator system with 4.65e5 < Reθ <
8.6e5, secondary air flow rate 1504 < Cw < 7520 and gap G = 0.084. The fluid temperature
distribution was measured with traversing miniature thermocouples and the rotor surface
temperature using a transient thermographic liquid crystal technique with embedded RTDs
in the rotor. Heat flux was calculated by inverse solution of the thermal conduction equa-
tion. Radiative losses were subtracted from the flux measurement. Axi-symmetric 2D CFD
simulations were also undertaken using the RNG k- turbulence model. The experimental
rig included a shroud between rotor and stator and a main air flow path at the periphery
as would be found in a gas turbine engine; this was supplied with a constant flow of air.
Secondary air was supplied at the stator centre. Local Nusselt numbers were calculated with
respect to the local core fluid temperature as a reference temperature, rather than the am-
bient temperature. The effect of aerodynamic heating was ignored in the calculation of the
Nussult numbers. Two flow regions were identified; a source region near the axis of rotation
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which is dominated by the secondary air flow, and a core region near the periphery which
is dominated by the rotation. Comparison between measured and predicted fluid tempera-
tures shows some discrepancy particularly near the stator. The predicted and measured rotor
heat transfer results agree reasonably well with each other although ingestion at the outer
periphery was not predicted even though it occurred experimentally. Local Nusselt number
was defined as Nu = hr/k.
Beretta and Malfa [77] compared CFD simulations with approximate analytical predictions
at G = 0.0143 and Reθ = 1.6e6 at high speeds (85,000 rpm). An enclosed cavity (no through
flow) and an open cavity with radial outflow were examined, with isothermal stator and
adiabatic rotor. The authors apply the Reynolds analogy to predict heat transfer based on
wall shear stress. They conclude that radial outflow lowers fluid temperatures in the gap and
reduces the stator temperature because heated fluid is expelled from the system. However
they also suggest that moment coefficient is increased due to the angular momentum gained
by the flow being discarded as the flow is expelled.
Poncet and Schiestel [82] undertook CFD simulations on a turbulent rotor-stator system with
radial outflow and heated stationary shroud (G = 0.44), radial inflow and heated stator (G =
0.08), and a shrouded radial outflow with no heating (G = 0.036), corresponding with three
experimental configurations investigated by others. In the latter configuration they show
that there is a Batchelor type flow with K = 0.44 in the core. A Reynolds stress model (RSM)
was used for turbulence modelling. The authors assumed that variations in fluid density
with temperature can be neglected although they observe that in certain configurations this
hypothesis may be questionable. They achieved good agreement with experimental data and
recommend the RSM for turbulence modelling of this type of flow. Local Nusselt number was
defined using local radius r as the characteristic length.
There are a number of papers by Pelle´, Harmand and Boutarfa et al. [72, 79, 83, 84, 93] con-
cerning measurements of rotor heat transfer in a rotor-stator system. In all of these papers,
local Nusselt number is defined as Nu = hr/k and average Nusselt number as Nu = h¯R/k.
The papers are fairly similar and heat transfer is measured by means of an infra-red (IR)
thermography method which is shown in figure 2.10. An aluminium rotor is heated from
behind using IR heaters. A thin layer of thermally insulating material (zirconia) is applied
at the disc surface. The rotor surface temperature is measured by IR thermography, and the
temperatures at the aluminium-zirconia interface are measured by embedded thermocou-
ples. The heat flux through the rotor surface is then found by solving the heat equation in
the zirconia using a finite-difference method, applying the experimentally measured tem-
perature boundary conditions (assuming constant thermal conductivity; α is the thermal
diffusivity):
1
α
∂T
∂t
= ∇2T (2.8)
For an axi-symmetric 2D steady state problem in cylindrical coordinates this becomes:
∂2T
∂r2
+ 1
r
∂T
∂r
+ ∂2T
∂z2
= 0 (2.9)
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The rotor surface heat flux is found from the temperature gradient at the surface:
q = k ∂T
∂z
∣
z=0 (2.10)
The radiative heat transfer is calculated based on the rotor and stator temperatures and
subtracted from the heat flux to get the convective heat transfer measurement.
Figure 2.10: Infra-red experimental rig to measure rotor heat transfer, Boutarfa et al. [79]
In the first of these papers, Harmand et al. [72] undertook measurements on a 300 mm
radius rotor-stator system with naturally pumped outflow through a large opening (176 mm
radius) in the stator centre, at G = 0.01 and 2e4 < Reθ < 1.47e6. In addition to the heat
measurements, the flow structure in the gap was analysed with particle image velocimetry
(PIV). It is shown that the large central opening in the stator gives significantly different heat
transfer results compared to other geometric configurations with smaller stator openings.
The fluid flow in the gap begins mostly radial but becomes tangential towards the outside
edge of the system due to the increasing passage section area. The local rotor convective
heat transfer in this geometry appears to decrease with increased radius because the fluid is
heating up and Nu is defined with respect to a fixed reference temperature.
In a similar paper, Boutarfa and Harmand [79], again investigate a system with central
stator opening and no externally imposed airflow (i.e. the air is pumped radially outwards
by the rotor but without additional external pressurisation). PIV was again used for flow
visualisation. Experiments were undertaken at 5.87e4 < Reθ < 1.4e6 and 0.01 < G < 0.17.
The authors observed a Couette type flow structure at G = 0.01. At G = 0.02 they noticed
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a decrease in average Nusselt number and suggest this is caused by the flow tending to a
Batchelor-like flow with a rotating core which reduces rotor wall shear and therefore heat
transfer. At larger gap sizes they suggest that a Stewartson type flow appears, with rotor
Nusselt numbers tending toward the free rotor case. Transition from laminar to turbulent
flow is suggested to occur when 1.76e5 < Reθ < 3.52e5, and a jump in heat transfer can be
seen here. The authors conclude that a central stator opening increases the rotor Nusselt
number at all G and Reθ compared with the examples in the literature which do not have
this opening.
Next, Pelle and Harmand [83] measured rotor heat transfer at 1.29e5 < Reθ < 6.45e5 and
0.01 < G < 0.16. The rotor-stator system was open at the periphery but had no air inlet at
the centre. It is found that the rotor heat transfer at G = (0.01,0.02) correlates well with the
results of others e.g. Owen et al. but not at larger gap sizes. At the largest gaps, the rotor
heat transfer is the same as that of a free rotor (i.e. the stator has no influence). An increase
in Nusselt numbers at the outermost radii is observed for all speeds and gap ratios due to a
boundary effect.
Using the same setup, Pelle and Harmand [84] then introduce in another paper an air jet
from the stator centre, impinging on the rotor. The jet is defined by a jet Reynolds number
(Rej = VjD/ν) 0 < Rej < 4.2e4 and rotational Reynolds numbers 2e4 < Reθ < 5.16e5 are
tested, with G = 0.01. In another paper [93] the authors using the same configuration
present the results of varying the gap size 0.01 < G < 0.16 rather than the jet impingement
speed. In general, it is found that the rotor heat transfer can be divided into two zones: an
inner one dominated by the impinging jet, and an outer one affected by rotation and the jet.
The impinging jet always improved rotor heat transfer.
When heat flux is calculated by inverse analysis of temperature measurements, Cooke et
al. [94] show that low values of heat flux (q < 70 W/m2) will be subject to a very large
uncertainty (more than ±100%). The authors investigated a free disk in both laminar and
turbulent regimes and assumed a minimum random uncertainty of ±0.5 K in thermocouple
temperature measurements. They used a Monte Carlo simulation to vary parameters and
achieve a statistical distribution of uncertainty. They also investigated data interpolation
and conclude that a 5th order polynomial curve fit of measurement temperature data points
achieved the closest match to the theoretical values; in addition reducing the number of data
points to less than six increased the heat flux uncertainty margin significantly.
2.2.5 Stator heat transfer in rotor-stator systems
Despite the large amount of work that has been done on rotor-stator systems, stator heat
transfer is not covered extensively in the literature. In both Batchelor and Stewartson flows,
the stator average heat transfer is likely to be less than that at the rotor because the velocity
gradients and wall shear stress at the stator will be lower than at the rotor.
Owen, Bayley and Haynes [66] measured both rotor and stator heat transfer in a rotor-stator
system with superimposed radial outflow. The rotor was 762 mm diameter with speeds
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up to 4000 rpm and 2 mm < g < 230 mm. Average rotor Nusselt numbers (Nu = h¯R/k)
were measured for the free rotor, the unshrouded rotor-stator system with no superimposed
airflow and the shrouded and unshrouded rotor-stator system with superimposed coolant
outflow. Rotor heat transfer was measured by two methods: a conduction method involving
numerical solution of the heat equation using measured temperatures (similar to Boutarfa,
Pelle, Harmand), and also by an enthalpy balance method where the inlet and outlet fluid
enthalpies and the disc torque were measured. Both methods produced similar results for
the rotor heat transfer. Average stator heat transfer was measured for the unshrouded system
(with rotor unheated) using the conduction method.
Additionally, the turbulent boundary layer equations were solved numerically using a mixing-
length model and a finite difference grid. The authors show that for any Reθ there is a gap
ratio G where Nu is a minimum (see figure 2.11); they propose this is where the core rota-
tion reduces the shear stress on the rotor and therefore the heat transfer drops below that
seen in the free rotor case.
Figure 2.11: Variation of average rotor Nusselt number with G at various Reθ from 4.8e5 (○)
to 3.9e6 (◻), dashed lines show free rotor, Owen et al. [66]
Tests with shrouds show that a shroud reduces the coolant flow rate required to prevent
ingress of air at the periphery. In addition to rotor heat transfer measurements, the authors
measured stator heat transfer for different rates of pumped coolant outflow, finding that for
Cw > 20,000 the stator heat transfer became independent ofReθ, but atCw = 0, a dependence
on Reθ is observed although a limited number of data points are presented.
The numerical method was unable to predict stator heat transfer well. The authors state
[66, pg. 472]:
“The main reason for this was attributed to the movement of the streamlines to-
wards the rotating disk at the larger gap ratios and higher rotational speeds. Conse-
quently, the finite-difference grid (which is based on the computed stream function)
moves away from the stator and gives rise to large errors in the computation of sta-
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tor flux. The onset of peripheral inflow, at large gaps or high rotational speeds, also
affects the stator far more than it affects the rotor, and it is beyond the scope of the
boundary-layer programme to handle these ‘recirculating flow’ conditions.”
This suggests that a more general numerical approach (i.e. modern CFD) is required to
predict correctly the stator heat transfer conditions and in addition the authors recognise
the importance of peripheral flow ingress in affecting stator heat transfer.
Bunker et al. [67] measured both rotor and stator heat transfer in a shrouded rotor-stator
system with radial outflow using a central jet of air impinging on the rotor, with 2e5 <
Reθ < 5e5 and 0.025 < G < 0.15. The authors heated the fluid prior to the jet outlet and
measured the fluid to stator and fluid to rotor heat transfer with a transient thermographic
liquid crystal technique. Measurements were made at 0.025 ≤ G ≤ 0.15 and 2e5 ≤ Reθ ≤ 5e5
on a 10 cm radius acrylic rotor spinning up to 10,000 rpm. Both rotor and stator exhibited
regions dominated by jet impingement and regions dominated by rotation. Local Nusselt
number was defined by Bunker et al. as hR/k, i.e. with disc radius (not local radius) as the
characteristic length.
Figure 2.12: Rotor & stator predicted & measured heat transfer, Iacovides & Chew [69].
Solid lines: k-/1-equation model; dashed lines: mixing length model; dots:
experiment (Bunker)
Iacovides & Chew [69] investigated three different rotor-stator and rotating cavity systems
using 2D axi-symmetric CFD simulations and four different turbulence models (1: mixing
length model, 2 and 3: k- with two different near wall treatments, 4: k- with one-equation
near wall treatment). The rotor-stator geometry was a shrouded system with superposed
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outflow of air based on the experimental geometry of Bunker et al. [67] with G = 0.14,
Reθ = 5.4e5 and Cw = 1450. Stator and rotor heat transfer simulations were carried out with
both constant heat flux and isothermal boundaries.
Compared with experiment, it was found that the mixing-length and k-/1-equation models
predicted heat transfer well on the rotor, but not on the stator, as shown in figure 2.12. The
authors discuss the significant effect of cold air ingress and surface temperature distribution
on the measured and predicted stator heat transfer rates and identify the stator heat transfer
prediction in this geometry as a challenge. Local Nusselt number was defined as hr/k.
Yuan et al. [78] measured stator heat transfer in an open rotor-stator disc system with no
through-flow (figures 2.5(e)-(f)), using thermographic liquid crystals for stator temperature
measurements. They compared results with a numerical simulation using the RNG k − 
turbulence model and a commercial CFD code, FLUENT. A limited range of gap ratios G =
(0.049, 0.073, 0.098) and rotational Reynolds numbers 1.42e5 ≤ Reθ ≤ 3.33e5 were tested.
The numerical simulations tended to over-predict the heat transfer. The effect of air ingress
at the periphery can be seen, particularly in the numerical results. In chapter 6, comparison
is made between the results of Bunker et al. Yuan et al. and the present work. Local Nusselt
number was defined as hD/k, i.e. with disc diameter as the characteristic length.
2.3 Summary
The electromagnetic aspects of electrical machine design are very well understood, but far
less research has been undertaken on the thermal aspects. The most common method of
predicting thermal performance in electrical machines is the lumped parameter thermal net-
work approach, which is relatively fast to solve using circuit analysis algorithms. However,
like any method, this approach is limited by the assumptions that are applied to assemble
the thermal equivalent circuit, with particular pitfalls being present in the following areas:
1. Knowledge of thermal contact resistances between solid components.
2. Knowledge of convective heat transfer coefficients at solid-fluid boundaries.
3. Application of the LP method to fluid domain (e.g. airflow) modelling.
In addition to the LP method, CFD and FEA techniques are increasingly being applied to the
thermal design of electrical machines in order to predict convective heat transfer coefficients,
‘tune’ LP models, and understand in greater spatial detail where thermal hot spots might
occur. These models often take longer to setup and solve than LP models and therefore the
two approaches are somewhat complimentary.
In disc type (axial flux) geometries, the biggest heat flow path from the stator may be to the
air in the gap and therefore the air flow assumptions and convective heat transfer coefficients
at the stator surface are crucial in determining the thermal performance of a design, perhaps
far more so than in a radial flux geometry where there may be multiple paths for heat
dissipation from the stator, particularly if the stator is around the outside of the rotor as it
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is in many machines. Better knowledge of the air flow in the rotor-stator gap of a disc type
geometry is required and in the present work, CFD and experimental tests have been used
to attempt to gain more data on stator heat transfer in the rotor-stator system.
In the turbomachinery community, extensive research has been undertaken on rotor-stator
systems and the fundamental flow regimes are well understood. Rotor heat transfer has been
investigated in many configurations of system, but stator heat transfer has not.
There is an opportunity with the novel AFPM machine geometry to bring together the tur-
bomachinery research that has been undertaken on rotor-stator systems, and the electrical
machine design research, to try to improve the understanding of heat transfer and fluid
mechanics in this geometry.
Chapter 3
Prediction of convective heat transfer
The previous chapter identified stator convective heat transfer in rotor-stator systems as an
area of research requiring further exploration, and this is the focus of the present work.
The current and following chapters investigate the topic of stator convective heat transfer
both by numerical simulation and experimental measurement. The current chapter first
gives an overview of the convective heat transfer problem, then introduces the relevant fluid
dynamics and heat transfer equations before turning to turbulence modelling and CFD. The
assumptions used in the CFD models are explained and justified. The results and discussion
are presented in chapters 5 and 6.
3.1 Introduction
In convective heat transfer analysis, the goal is usually to relate the heat transfer at a wall
to various fluid, flow and geometric properties. All of these variables can be expressed in
non-dimensional form using dimensional analysis, see e.g. Chapman [9]. In the general case
for internal flow forced convection problems (where the flow is driven by some imposed
pressure difference, rather than by buoyancy forces) the functional relationships are:
Nu = f (Re, Pr, Ec, Cw, 
L1
,
L1
L2
, ...) (3.1)
In this equation, Nu is the wall heat transfer which is a function of fluid flow parameters
such as the Reynolds number Re, Eckert number Ec and Prandtl number Pr, as well as
surface properties such as relative roughness /L1, and characteristic geometric ratios e.g.
L1/L2. The quantity Cw is particular to rotor-stator systems and refers to non-dimensional
mass flow rate, which like Nu may be a dependent variable in the freely ventilating case, or
may be an independent variable if additional external pressurisation is applied.
In a simple rotor-stator system (see figure 3.1), heat transfer may take place at the stator
and/or the rotor surface, but it is the former that is of interest here. The most important geo-
metric parameters are the gap size g and the radius R, and they can be non-dimensionalised
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as a gap ratio, G = g/R. There may also be other geometric parameters which affect the heat
transfer, for example the size of the stator air inlet, the size and shape of any protrusions on
the rotor and so on. The Reynolds number may be described either with reference to the
gap (Reg = gωR/ν) or to the radius (Reθ = ωR2/ν) and usually the rotor tip velocity ωR is
used as the characteristic velocity, where ω is the rotation rate in rad/s. The fluid viscosity
at ambient conditions ν is usually used in defining Reθ. The Prandtl number is a property
of the fluid. The Eckert number, which characterises the importance of viscous dissipation,
may or may not be relevant; this is explored in detail in section 4.1.4 of the next chapter.
Owen and Rogers [36, 85] also give a detailed and thorough explanation of all the relevant
non-dimensional groups in rotor-stator problems.
rotor stator
g
R
ω
stator air inlet
stator surface
rotor surface
Figure 3.1: Diagram showing simple rotor-stator system
3.2 Equations of fluid flow
In this section the equations of fluid flow will be introduced and discussed with respect to
the rotor-stator system. The equations presented in this chapter are mostly from Owen and
Rogers [36, 85] and White [86], selected and adapted for relevance.
The mechanics of the fluid flow in a rotor-stator system are governed by the equations that
govern fluid flows generally:
1. Conservation of mass
2. Conservation of momentum (Navier-Stokes equations)
3. Conservation of energy
In most situations of relevance to real AFPM machines these equations must be solved nu-
merically using a computational fluid dynamics (CFD) Navier-Stokes solver code, and this
approach is therefore the main focus of this chapter.
However, in certain simple rotor-stator system scenarios it is possible to solve a set of coupled
ordinary differential equations (ODEs), rather than the full partial differential equations
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(PDEs). The ODEs can be solved numerically, or an approximate analytical solution can be
found using the momentum-integral method as first demonstrated by von Ka´rma´n [54].
The Reynolds Analogy has also been applied to this problem (e.g. [64]). This method sug-
gests that wall shear and heat transfer are proportional in some types of flow, and therefore
the heat transfer can be estimated without solving the energy equation. However, it is not
really applicable to stator heat transfer since there is likely to be fluid separation.
Sometimes, it is useful to make one or more of the following assumptions in order to simplify
the problem. The validity of these assumptions is explored later:
1. The model is axisymmetric, so derivatives with respect to θ can be ignored
2. The flow is steady-state, so derivatives with respect to t can be ignored
3. The fluid is incompressible
4. The equations are de-coupled, i.e. the energy equation can be solved to obtain the
temperature field after the other equations have already been solved to obtain the
velocity and pressure fields. The reason is because the temperature dependence of
fluid properties such as density and viscosity is often small and can be ignored.
3.2.1 Conservation of mass
In its most general form, the equation of conservation of mass for a fluid flow in Eulerian
terms is as follows:
∂ρ
∂t
+∇ ⋅ (ρV ) = 0 (3.2)
For an incompressible flow (i.e. constant density) this becomes:
∇ ⋅V = 0 (3.3)
In cylindrical coordinates V = [Vr Vθ Vz]′ in a fixed reference frame this is expressed as:
1
r
[ ∂
∂r
(rVr)] + 1
r
∂Vθ
∂θ
+ ∂Vz
∂z
= 0 (3.4)
If the problem is assumed axisymmetric, the derivative with respect to θ is zero, hence:
∂Vr
∂r
+ Vr
r
+ ∂Vz
∂z
= 0 (3.5)
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3.2.2 Navier-Stokes equations
The Navier-Stokes equations express Newton’s second law for a fluid flow. In Eulerian terms
the general expression is:
ρ
DV
Dtdcurly
acceleration
= ρgdcurly
gravity
+ ∇ ⋅ τ ′ijdcurly
momentum diffusion
− ∇pdcurly
pressure gradient
(3.6)
In this equation, D/Dt is the particle derivative (or substantial derivative) operator and τ ′ij
is the stress tensor, using indicial notation. The operator ∇⋅ is the divergence of a second
order tensor, which results in a vector, i.e. ∇ ⋅S ≡ (∂Sij/∂xj)ej . The particle derivative is an
operator giving the time rate of change of a quantity measured at a point that moves with
the fluid:
D
Dt
= ∂
∂t
+ (V ⋅ ∇) (3.7)
In the case of a Newtonian fluid, the viscous stresses are given by:
τ ′ij = µ(∂ui∂xj + ∂uj∂xi ) + δijλ∇ ⋅V (3.8)
If the problem is steady state and viscosity and density can be assumed constant, and the
working fluid is a gas (and therefore the gravitational term can be ignored), then equation
3.6 can be simplified to:
ρ (V ⋅ ∇)V = µ∇2V −∇p (3.9)
In the case of constant viscosity and density, the temperature field may be obtained sepa-
rately by solving the energy equation after the velocity and pressure fields have been ob-
tained. In a cylindrical coordinate system, assuming steady state and axisymmetry, equation
3.9 is expanded to give the following set of equations in an inertial frame of reference:
Vr
∂Vr
∂r
+ Vz ∂Vr
∂z
− V 2θ
r
= ν (∇2Vr − Vr
r2
) − 1
ρ
∂p
∂r
(3.10)
Vr
∂Vθ
∂r
+ Vz ∂Vθ
∂z
+ VrVθ
r
= ν (∇2Vθ − Vθ
r2
) (3.11)
Vr
∂Vz
∂r
+ Vz ∂Vz
∂z
= ν∇2Vz − 1
ρ
∂p
∂z
(3.12)
The operator ∇2 is defined as: ∇2 = ∂2
∂r2
+ 1
r
∂
∂r
+ ∂2
∂z2
(3.13)
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Notes on these equations:
1. The terms V 2θ /r and VrVθ/r are from the curvature of the cylindrical coordinate system.
2. There is a pressure gradient in the r- and z-directions but none in the θ-direction, due
to the axisymmetry.
3. The assumptions of axisymmetry and steady state flow are not necessarily valid if there
are periodic features in the tangential direction or if the flow is turbulent.
4. The terms −Vr/r2 and −Vθ/r2 are small compared to the other viscous terms and can
usually be neglected.
3.2.3 Energy equation
In general the energy equation is given by the following, with τ ′ij as per equation 3.8:
ρ
Dh
Dtdcurly
enthalpy change
= Dp
Dtdcurly
pressure term
+ ∇ ⋅ (k∇T )´udcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymod¸udcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymod¶
thermal diffusion
+ τ ′ij ∂ui∂xj´udcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymod¸udcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymod¶
dissipation function Φ
(3.14)
For incompressible flows with constant thermal conductivity:
ρcp
DT
Dt
= k∇2T +Φ (3.15)
In a fixed cylindrical coordinate system for a steady-state axisymmetric problem:
Vr
∂T
∂r
+ Vz ∂T
∂z
= k
ρcp
∇2T + 1
ρcp
Φ (3.16)
The viscous dissipation function Φ is associated with aerodynamic heating and is given by:
Φ = µ [2(∂Vr
∂r
)2 + 2(Vr
r
)2 + 2(∂Vz
∂z
)2 + (∂Vθ
∂r
− Vθ
r
)2 + (∂Vθ
∂z
)2 + (∂Vz
∂r
+ Vr
∂z
)2] (3.17)
In some situations the term involving Φ is small and may be neglected. The Eckert number
(see next section) is the non-dimensional group which indicates the relative importance of
dissipation in a problem.
3.2.4 The equations in non-dimensional form
It is informative to re-cast the continuity, Navier-Stokes and energy equations into non-
dimensional form (by dividing by reference parameters e.g. length L, freestream velocity
U , freestream properties ρ0, µ0 etc.) as shown by White [86, pg. 81].
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This results in the following set of non-dimensionalised equations:
∂ρ∗
∂t∗ +∇ ⋅ (ρ∗V ∗) = 0 (3.18)
ρ∗DV ∗
Dt∗ = 1Re∇∗ ⋅
⎡⎢⎢⎢⎢⎣µ∗
⎛⎝∂u∗i∂x∗j + ∂u
∗
j
∂x∗i
⎞⎠
⎤⎥⎥⎥⎥⎦ −∇∗p∗ (3.19)
ρ∗DT ∗
Dt∗ = EcDp∗Dt∗ + 1RePr∇∗ ⋅ (k∗∇∗T ∗) + EcReΦ∗ (3.20)
Various non-dimensional parameters appear in these equations: Reynolds number Re =
ρ0UL/µ0, Eckert number Ec = v2/cpT0 and Prandtl number Pr = µ0cp/k0, as already in-
troduced in the opening to this chapter. Other groups may also be present: Froude number
Fr = U2/gL arises when gravitational body force is included, but this not relevant in air-
cooled rotor-stator problems. Strouhal number St is buried inside the term ρ∗DV ∗/Dt∗ in
equation 3.19 but disappears if the problem is considered to be steady state. Grashof num-
ber Gr arises when buoyancy force is included and velocity U is replaced by µ/(ρ0L). For a
perfect gas, the Mach number Ma = U/√γRT0 is related to the Eckert number:
Ec = (γ − 1)Ma2 (3.21)
These non-dimensional groups are discussed in more detail in chapter 4.1.4 with reference
to the experiment design.
3.2.5 Wall heat transfer: the Nusselt number
The boundary conditions can also be non-dimensionalised. In a heat transfer problem,
this results in a further non-dimensional group, the Nusselt number, which is the non-
dimensional heat transfer at the wall (equivalent to the non-dimensional temperature gradi-
ent at the wall):
Nu = hL
k
= qL
k (Tw − Tref) = L
∂T
∂z
∣
z=0
Tw − Tref (3.22)
In a situation where viscous dissipation cannot be neglected (e.g. EcPr ≈ 1) there is an extra
complication because the fluid is internally heated directly by conversion of kinetic energy
to thermal energy due to fluid friction, quantified in the dissipation function Φ. This can
result in the wall heat flux dropping to zero or even becoming negative, i.e. the direction of
heat transfer reverses, becoming from fluid to surface (see [95]). In this scenario the fluid
no longer provides cooling of a heated surface.
In general, in order to include viscous dissipation effects, the reference temperature Tref
can be redefined to include the temperature rise due to viscous heating. An adiabatic wall
temperature Taw is defined, equivalent to the temperature the wall would reach if it were
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in equilibrium with the viscously heated fluid flow with no heat transfer to or from the
fluid. The fraction of kinetic energy in the fluid converted into heat is sometimes expressed
using the recovery factor r, which relates the adiabatic temperature to the fluid reference
temperature as originally expressed:
r = Taw − Tref
v2/2cp (3.23)
Heat transfer is now expressed in relation to the new temperature difference Ts −Taw where
Taw is either measured experimentally or calculated from tables of r according to the problem
at hand. The heat transfer results can still be applied so long as the temperature is redefined
in this way, but attention must be paid to the way in which reference temperature Tref
is defined. In fact even if viscous dissipation can be neglected, a fundamental challenge
with wall heat transfer measurement and prediction in rotor-stator systems is the choice of
appropriate reference temperature Tref when non-dimensionalising the wall heat transfer.
This is recognised by Owen and Rogers [36, pg. 188] who state:
“There is a basic difficulty in developing a theoretical model for the heat transfer in
a rotor-stator system: whether or not there is a superposed flow through the wheel-
space, it is necessary to know the [local reference temperature] in order to compute
[the heat flux].”
For a rotor-stator system with through-flow of air, the stator convective heat transfer can be
represented by the local Nusselt number:
Nu(r) = hr
k
= q(r)r
k [Ts(r) − Tref(r)] (3.24)
In this equation the local radius r has been chosen as the characteristic length scale in defin-
ing Nu. This definition is used by some authors e.g. Owen and Rogers [36], and is derived
by analogy with heat transfer from a flat plate, where the distance x from the start of the
plate to the point of interest is used as the characteristic length, that is to say x increases
with the increase in thickness of the fluid boundary layer along the plate. Some authors
such as Bunker et al. [67] use the outer radius R in defining Nu(r) and still others such as
Djaoui et al. [73] use the gap size g as the characteristic length (perhaps by analogy with
internal flow in pipes, where pipe diameter D is used). With reference to the stator, where
the boundary layer does not necessarily grow monotonically in the radial direction, it seems
that the choice of characteristic length for stator heat transfer is somewhat arbitrary. This is
particularly true in light of the difficulties in defining Tref , which will now be discussed.
In order to be correct (i.e. to avoid invalidating the law of energy conservation), Tref should
be defined using a local bulk mean fluid temperature based on an energy balance [96, pp.
192-193], calculated across the control surface Ar at the radius of interest:
Tref(r) = 1
m˙cp
∫
Ar
ρv(z)cpT (z) dAr (3.25)
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The problem is that this requires measurement of the local mass flux and temperature profile
at the radius r; experimentally this is difficult. However there is a greater problem when
the boundary includes a fluid recirculation since in this case it acts as both inlet and exit,
drawing in ambient temperature air at the outside periphery. In light of these problems other
authors tend to use the fluid inlet temperature as the reference temperature, rather than the
local bulk fluid temperature. Unfortunately this means that the Nusselt number no longer
becomes independent of fluid temperature, therefore trends in local Nusselt number as a
function of radial position will reflect both the fluid mechanics and any changes in local bulk
fluid temperature. However, this is the convention that will usually be followed here.
The average Nusselt number is defined with reference to the outer radius R, the thermal
conductivity of air at ambient temperature k = 0.0257 W/mK, and the average convective
heat transfer coefficient h¯:
Nu = h¯R
k
(3.26)
If the outside radius R is used as the characteristic length in defining both Nu(r) and Nu
then the average Nusselt number can be defined as:
Nu = q¯R(Ts − Tref)k = 1R
R∫
0
Nu(r) dr (3.27)
However if, as many authors choose, the local radius r is used as the characteristic length for
Nu(r) but the outside radius R is used as the characteristic length for Nu then care must be
taken integrating Nu(r) to find Nu:
Nu = 1
k
R∫
0
h(r) dr = 1
R
R∫
0
Nu(r)
r
dr (3.28)
3.2.6 Turbulent flow: the Reynolds averaged equations
Turbulent flow is characterised by random fluctuations in velocity components, caused by
eddies at a variety of length scales from large (i.e. the length scales of the overall problem
geometry) to very small. This is a very effective mixing process, and energy is dissipated
through the length scales in a ‘turbulent energy cascade’, at the smallest scales dissipat-
ing through viscosity. Turbulence is key to many physical processes from solar flares to the
earth’s magnetic field to the aerodynamics of flight, but is also mathematically intractable.
An approach based on statistics may seem to be fruitful, but ultimately there are always
more unknowns than equations and therefore ad hoc closure equations must be introduced,
based on experimental evidence. As Davidson observes, ‘in many ways we may regard tur-
bulence models as nothing more than a highly sophisticated exercise in interpolating between
experimental data sets’ [97, pg. 22].
Numerically, turbulence can be modelled directly using the time-varying Navier-Stokes equa-
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tions and a very fine scale grid - this brute force approach is called Direct Numerical Simula-
tion (DNS). However, even using supercomputers with extremely large mesh sizes (billions
of nodes), only simple problems up to modest Reynolds numbers can be modelled. Therefore
DNS is used mainly as a research tool to gain fundamental insight into the nature of turbu-
lence, and also to provide databases of information which are used to calibrate turbulence
models based around the Reynolds Averaged Navier Stokes (RANS) equations.
The RANS equations handle turbulence statistically, by time averaging the flow variables.
Velocity components, pressure and temperature are each sub-divided into a mean variable
and fluctuating variable, for example:
u1 = u¯1 + u′1 (3.29)
If these decomposed variables are substituted back into equation 3.6 the following equation
results:
ρ
DV
Dt
+ ρ ∂
∂xj
(u′iu′j) = ρg −∇p¯ + µ∇2V (3.30)
A new term appears which is very important in turbulent flows, the turbulent inertia tensor
u′iu′j (involving 9 new unknowns related directly to the turbulent flow structure). Equation
3.30 can be rearranged to give:
ρ
DV
Dt
= ρg −∇p¯ +∇ ⋅ τij (3.31)
where τij = µ(∂ui
∂xj
+ ∂uj
∂xi
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shear stress
−ρu′iu′j´udcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymod¸udcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymod¶
‘turbulent stress’
(3.32)
The term ρu′iu′j behaves mathematically like an additional stress term and therefore it is often
called the ‘turbulent stress’ (or ‘Reynolds stress’). However it is not a stress term, rather it
represents the change in the flux of momentum caused by turbulence. It is a mathematical
tool enabling the mean flow quantities to interact with the turbulence quantities.
The same substitution can be made into the energy equation 3.15, resulting in the following;
in a similar fashion, a ‘turbulent heat flux’ term appears in the energy equation:
ρcp
DT
Dt
= − ∂
∂xi
(qi) +Φ (3.33)
where Φ = µ
2
(∂u¯i
xj
+ ∂u′i
∂xj
+ ∂u¯j
xi
+ ∂u′j
∂xi
)2 (3.34)
and qi = −k ∂T
∂xi
+ ρcpu′iT ′´udcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymod¸udcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymodudcurlymod¶
‘turbulent heat flux’
(3.35)
Finally, substituting equation 3.29 into the continuity law (equation 3.2) and assuming in-
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compressible flow gives: ∇ ⋅ (V +V ′) = 0 (3.36)
The turbulence kinetic energy, the mean specific kinetic energy in a turbulent flow, is given
by the RMS fluctuations in velocity:
K = 1
2
((u′1)2 + (u′2)2 + (u′3)2) (3.37)
3.2.7 Turbulence modelling
The decomposition in the previous section, although elegant, is a mathematical manipulation
that does not add any additional physical insight to the problem. Unfortunately there are
more unknowns than equations, and therefore additional equations must be introduced in
an attempt to achieve closure. The field of turbulence modelling is essentially concerned
with formulating these additional equations. It is a complex and active area of ongoing
research. An overview of the basic techniques can be found in White [86, Chapter 6.7] and a
more in-depth study in Wilcox [98]. In addition to DNS which has already been introduced
(and is not strictly turbulence modelling because the RANS equations are not used), there
are five approaches, in order of increasing complexity, given below. The first three of these
make the assumption that the Reynolds stress tensor and mean strain-rate tensor principle
axes are coincident everywhere in the flow, [98, pg. 303]. This is called the Boussinesq
eddy-viscosity assumption.
1. Zero-equation models: Also known as algebraic models, these give a direct algebraic
correlation for the turbulent stresses. They assume that an ‘eddy viscosity’ (analo-
gous to the fluid viscosity) µt relates the turbulent shear stress to the velocity gradient
∂u¯/∂y and propose various formulations for this (e.g. Prandtl’s mixing-length model).
Although results are good for certain one-dimensional shear flows, this approach is not
particularly general and does not give much information about the turbulent flow.
2. One-equation models: These introduce one additional transport equation, either for the
turbulence kinetic energy K or eddy viscosity , with some algebraic correlations to
model the dissipation and production of turbulence. One-equation models appear to
offer little advantage over zero- and two-equation models and are not widely used.
3. Two-equation models: Currently, two-equation models are the de facto standard for
turbulence modelling in industry, with the k- and k-ω models being popular. Wilcox
[98, chapter 4] presents a number of arguments in favour of the k-ω model, noting
that it is more accurate in situations involving adverse pressure gradients and better
at modelling flow near the wall. Two-equation models include transport equations for
both the turbulence kinetic energy K and another quantity; either the turbulent length
scale l, turbulent time scale τ , dissipation  or dissipation rate ω, all of which are re-
lated. The transport equations include terms for unsteadiness, advection, production,
dissipation and various cross-coupling terms. Closure coefficients are included and
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these are tuned to give good agreement with the properties of turbulence in as wide a
range of problems as possible. Near a wall, two-equation models need to be modified
to account for molecular viscosity µ. This is achieved either by using a wall function,
which therefore does not require a fine mesh by the wall, or by using a fine mesh and
adding additional terms to the equations in the near wall region and integrating di-
rectly through the viscous sub-layer. The latter formulation is termed a ‘low Reynolds
number model’ (referring to the turbulent Reynolds number Ret). In two-equation
models, the turbulence must usually be assumed isotropic, i.e. u′21 = u′22 = u′23 , since K
is modelled rather than the separate directional components of the Reynolds stress.
4. Second order moment closure models: These discard the Boussinesq eddy-viscosity ap-
proximation. Instead, the Reynolds stresses −ρu′iu′j are modelled directly using either
an algebraic stress model or a differential equation for the rate of change of stress,
which includes terms for transport, production, dissipation and pressure-strain; all
of which are complex correlations requiring modelling. This allows anisotropic tur-
bulence to be modelled directly. Second order closure models introduce three to six
additional equations and therefore are computationally much more intensive and less
robust than the other approaches already discussed.
5. Large eddy simulation (LES): Combines direct simulation of the Navier-Stokes equations
at length scales of the order of the grid scale, but uses turbulence modelling for sub-
grid scales. This is computationally intensive but has advantages in problems involving
chemical reactions, flow separation or acoustics.
3.3 Computational Fluid Dynamics (CFD)
Computational fluid mechanics (CFD) is concerned with the numerical solution of the equa-
tions governing fluid flow. The equations can be reformulated in various ways, for example
Eulerian (control volume) and Lagrangian (particle tracking) formulations, and finite ele-
ment versus finite volume approaches. In most CFD software for engineering applications,
an Eulerian finite volume method is used, and this is the method used in the present work
based on the commercially available software Ansys CFX 11 and 12. CFD is a huge subject,
having developed rapidly in the past thirty years. The technique is widely used in indus-
try and academia and has been extensively covered in books, for example see White [86,
Chapter 3.10], Wesseling [99] or Lo¨hner [100]. In terms of the state of the art, mesh (or
grid) generation, numerical modelling of the equations, pre-processors, solvers and post-
processors are seen to be mature areas of development in fluids modelling. However, turbu-
lence modelling, combustion modelling and chemical reactions, multiphase flows, acoustics
and other areas are still being intensively researched in academia.
The typical stages in a CFD simulation are shown in figure 3.2. Geometry definition is often
easily accomplished with a CAD program. Mesh generation is largely automated and there
are various mesh shapes that are possible including hexahedral (cube shaped), tetrahedral
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(pyramid shaped), prism and polyhedral elements. Meshing setup requires specification of
maximum and minimum element sizes, inflation layers (for modelling boundary layers) and
so on. After meshing, the pre-processor is used to setup the simulation domain, boundary
conditions and solver controls. The solver runs until the convergence conditions are met or
the number of iterations exceeds the maximum specified. The results are then processed in
a post-processing program.
geometry 
definition
mesh 
generation
simulation 
setup
numerical 
solution
post 
processing
Figure 3.2: Steps involved in CFD simulation
The focus of the current chapter is on explaining the aspects of CFD that are particularly
relevant to rotor-stator flows and justifying the assumptions that have been made in the
present work. Further information about the intricacies of CFD (such as discretisation and
meshing, the finite volume method, and iterative solution algorithms) may be found in the
very many books on this subject, some of which were cited previously.
Rotor-stator flows exhibit a number of phenomena which are challenging for numerical mod-
elling, such as rotation, confinement, heat transfer, separation, transition and turbulence.
The complexities are illustrated for example in the experimental work of Itoh et al. [68] who
measured all Reynolds stress components in a closed rotor-stator system exhibiting Batch-
elor flow. They show that the stator and rotor boundary layers have different turbulence
statistics and different stability properties, leading to possible situations such as laminar and
turbulent flows coexisting near each other in this type of system.
In modelling rotor-stator flow and stator heat transfer, a number of decisions need to be
made. The most important choices are: what turbulence model to use, whether to use a
2D axisymmetric or 3D model, and how to (attempt to) handle transition. The following
sections discuss each of these and explain the reasoning behind the choices that were made.
3.3.1 2D versus 3D modelling
It is possible to simulate rotating flow in a rotor-stator system using a 2D axisymmetric model
in the (r, z) plane which retains the Vθ component of velocity but assumes that all derivatives
with respect to θ are zero. The equations (in the laminar case) are given in section 3.2.
Jacques et al. [76] carried out 2D axisymmetric DNS computations in a rotor-stator system
and note that axisymmetric 2D models of rotor-stator flow have some shortcomings, for
example transition occurs too early and core rotation velocity is over-predicted in Batchelor
flow by about 10%. The authors had no choice but to use a 2D model since the computational
requirements of a 3D model for DNS at the Reynolds numbers of interest (Reθ up to 1e6)
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would have made the simulation impossible. However, they conclude that in general there
is still reasonable agreement between 1st and 2nd order moments and experimental data.
Poncet and Schiestel [82] simulated fully turbulent flow in a rotor-stator system using a
second order moment closure turbulence model (based on Launder and Tselepidakis) and
found that 2D predictions of Vθ and Vr agreed well with experiment in both Batchelor and
Stewartson flow cases with G = 0.03.
In summary, despite some misgivings, it has been found that 2D axisymmetric simulations
are reasonably accurate and able to capture the important characteristics of rotor-stator flow.
In CFD there is a general trade-off between the size of the grid and required complexity of the
modelling, and the number of simulations and parametric variations that can be investigated.
Since 2D models are substantially faster but give useful results, their use in the present work
allowed a number of flow speeds and gap sizes to be investigated. Subsequent 3D modelling
was then informed by the 2D results; only one gap size was investigated in 3D. In order
to determine the mass flow rate correctly, modelling of the air inlet geometry could not be
neglected, and this was only possible using a 2D model. Because the inlet geometry was not
modelled in 3D, the inlet total pressure boundary condition was derived from the 2D models
as described below.
3.3.2 Turbulence modelling
Morse and Ong [101] simulated a symmetrically heated rotating cavity with radial outflow
of air using a 2D axisymmetric model. They achieved reasonable accuracy (approximately±10%) of Nusselt number predictions using a low Reynolds number k- turbulence model
(incorporating damping functions near the wall).
Iacovides and Chew [69] also undertook 2D axisymmetric CFD in a rotor-stator system con-
figured for either radial outflow (two different options) or central axial throughflow. They
used a two-layer turbulence model, that is to say a k- model in the region away from the
wall (y+ > 60, where y+ is defined in equation (3.39) of section 3.3.5) and either a mixing
length or one-equation model near the wall, with the first mesh node placed at y+ ≈ 1. In
the case of the system with radial outflow at the shroud, they found rotor Nusselt number
predictions to be reasonable, but stator Nusselt number predictions are quite inaccurate (see
figure 2.12).
Poncet et al. [80, 81, 82] show that second order moment closure turbulence models (i.e.
Reynolds stress models) give a good agreement between predicted and measured velocity
and pressure in a turbulent rotor-stator flow with throughflow. Elena and Schiestel [71]
similarly show for an enclosed rotor-stator system (no through-flow) that Reynolds stress
models give better prediction of turbulence than k- and some types of two-layer zonal
models (ASM away from the wall and low Reynolds number k- near the wall).
As previously discussed, it has been found through both DNS and experimental studies that
the rotor and stator boundary layers have different stability properties. Typically, the rotor
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is more stable than the stator. Itoh et al. [68] suggest this may be because the stator flow is
decelerating. Itoh et al. also show that the structure of turbulence in a rotor-stator system is
modified significantly by the rotation. Jacques et al. [76] suggest that rotation modifies the
statistics of the turbulence by reducing dissipation, increasing anisotropy and changing the
‘law of the wall’. Therefore they suggest that mixing length and k- models may produce un-
satisfactory results, whereas Reynolds stress models could give better results. They suggest
that improved two-equation models may be a good compromise approach.
The approach chosen in the present work is to use an improved two-equation turbulence
model available in CFX, entitled the ‘Shear Stress Transport’ (SST) model. This was devel-
oped by Menter [102, 103] and is mixture of the k-ω and k- models. The model makes
use of the k-ω equations in the boundary layer but switches (via a blending function) to
a k- model in the freestream region, thereby avoiding the k-ω model’s oversensitivity to
freestream turbulence. The SST model includes some algebraic modelling of the transport of
the principle Reynolds stress in the formulation of the eddy-viscosity. This is also controlled
by a blending function so that the effect is only included near the wall. In the latest version
of CFX (v12), which became available late in the course of the present work, curvature cor-
rection terms have also been added to the SST model as well as a treatment for the effects
of surface roughness. The decision to use the SST model is discussed further in chapter 6
where some comparisons are made with results using other turbulence models.
CFX includes algorithms that automatically select a low-(turbulent) Reynolds number for-
mulation near the wall if the grid is fine enough, rather than using the law of the wall. This
requires y+ ≈ 1 (see equation 3.39), but the software is also able to shift smoothly and auto-
matically between a low-Re formulation and a log-law formula if y+ is higher than this. In
the present work, modelling was undertaken wherever possible with y+ < 1 to avoid the use
of the law of the wall, although in the case of rotor R2 unfortunately this was not possible.
3.3.3 Transition
Whether the flow is laminar or turbulent has a large influence on the wall heat transfer
and therefore assumptions must be made about transition in order to guide the numerical
modelling. In the case of the free rotor, transition is known to begin at 1.8e5 < Reθcrit < 2.1e5
and completely turbulent flow is found for Reθ > 3e5 [104, 105].
Assuming the conditions at the rotor do give some indication of the conditions at the stator,
table 3.1 shows for various speeds whether the heated section of the stator (which extends
from 0.55 < r/R < 1.0) is expected to be primarily laminar, transitional or turbulent, based on
the free rotor transition point. According to this, it is likely that transition cannot be ignored
in the range of speeds of interest, in fact between about 500 rpm and 1500 rpm transition
modelling is crucial.
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Table 3.1: Expected flow condition versus speed
Speed (rpm) Reθ flow state
200 7.4e4 fully laminar
600 2.2e5 mostly laminar, some transition
1000 3.7e5 mostly transitional
1600 5.9e5 mostly fully turbulent, some transition
2600 9.6e5 fully turbulent
Transition is likely to begin at the outer periphery of the system (where the highest speeds
are found) and spreads radially inward. The radial location of transition is given by:
r
R
= √Reθcrit
Reθ
(3.38)
The presence of a stator may change the behaviour significantly, although this depends on
whether the flow is Batchelor or Stewartson type. A study by Itoh et al. [68] on an enclosed
rotor-stator system gives a measured rotor transition onset Reynolds number of 3.1e5 and
the authors suggest that transition on the stator may occur at a lower Reynolds number than
this. Schouveiler et al. [75] suggest that at G = 0.01 in a rotor-stator system transition may
begin as low as Reθcrit ≈ 1.1e5.
Based on this, it was decided initially to assume the flow was completely laminar for sim-
ulations below 600 rpm and fully turbulent for speeds of 1800 rpm and above. Between
these speeds, both fully turbulent SST modelling and transition modelling were attempted
using the Langtry and Menter γ-θ transition model [106] which is incorporated into CFX.
This model takes an empirical approach to transition prediction and is designed to operate
with the SST turbulence model.
Two additional transport equations are solved, one for intermittency γ (which describes
whether the flow is laminar or turbulent and therefore triggers transition locally) and the
second for the transition onset moment-thickness Reynolds number Reθt, which is treated
as a scalar transported quantity. This second equation allows the freestream turbulence
intensity in a flowfield to influence the transition predictions but in a fashion that can be
computed purely with locally available information, avoiding the need to feed non-local
information into a particular mesh point. An empirical correlation is used to predict Reθt in
the freestream and this then diffuses into the boundary layer. It is noted that a fine mesh
(y+ ≈ 1) is required in order to predict transition correctly with this model.
The Langtry and Menter transition model has been validated against a number of flat plate
transition test experiments, a turbomachinery blade experiment and a wind turbine aerofoil
[107] with good prediction of transition in these cases.
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3.3.4 Grid independence
The effects of variations in grid size on CFD predictions was briefly investigated for each
model and this is reported and discussed in chapter 6.
3.3.5 Two-dimensional axisymmetric models
Two different geometries were modelled in 2D: gap sizes g=2.5 mm (G = 0.0106) and g=5
mm (G = 0.0212). It was assumed that air was a calorically perfect ideal gas with density
varying according to p = ρRT , constant viscosity µ =1.831e-5 kg/ms, constant thermal con-
ductivity k =2.61e-2 W/mK and constant specific heat capacity cp =1,004 J/kgK. In general
at the temperatures and speeds of interest these properties do not vary considerably and
do not have a large affect on the parameters of interest. An attempt was made to model a
third case, g = 7 mm (G = 0.0297) in 2D but unfortunately it was not possible to achieve a
convergent solution at this gap size. The reason may be a recirculation appearing near the
outlet which causes the radial component of flow to run almost parallel to the plane of the
outlet boundary. A solution would be to increase the size of the domain, but this is outside
the scope of the present work.
Geometric setup
Figure 3.3 shows the simulated 2D fluid domain, superimposed on a drawing of the exper-
imental rig (the gap size in this diagram has been exaggerated). The geometry for g = 2.5
mm is shown in detail in figure 3.4. The air inlet geometry was modelled excluding the
bellmouth itself (which is expected to have low losses, i.e. it is a reasonable assumption that
the total pressure loss across the bellmouth is quite small and can be neglected).
inlet
outlet
modelled
fluid domain
axis of
rotation
Figure 3.3: Fluid domain used for 2D CFD simulation (orange), relative to experimental rig
Meshing
In general for a problem with a regular geometry such as this, hexahedral meshes such as
those produced by Ansys ICEM are the most efficient approach. However, it proved impos-
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Figure 3.4: 2D geometry, 2.5 mm gap size (dimensions are in mm)
sible to mesh the geometry correctly in 2D using ICEM. This is because CFX is a 3D solver
only and therefore to achieve 2D simulations, a 3D mesh which is one-element deep in the z-
direction is required, with a 1:1 periodic domain interface connecting the two axisymmetric
boundaries. This type of mesh is much easier to produce for this geometry using the tetrahe-
dral mesher CFX-mesh, rather than ICEM. Therefore CFX-mesh was used for the meshing of
the 2D geometries, despite being slightly less efficient for a problem with regular geometry.
A close-up of the mesh produced in the 2.5 mm gap is shown in figure 3.5, with a picture
showing the mesh nearer to the axis of rotation in figure 3.6. There are approximately 40
elements across the gap in the z-direction and approximately 100,000 elements in total.
Figure 3.5: Close-up of 2D mesh with
inflated rotor and stator layers
Figure 3.6: 2D Mesh near r = 0
The choice of turbulence model required that y+ < 1 for all turbulent simulations. The
quantity y+ is the non-dimensional first node distance from the wall and is defined as:
y+ = yut
ν
(3.39)
In this equation, the distance from the wall is y, the kinematic viscosity is ν and ut is the
‘friction velocity’ (τw is the wall shear stress and ρ the fluid density):
ut = √τw
ρ
(3.40)
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Since y+ depends on the flow solution it can only be computed after solving, and there-
fore the refining of the mesh to achieve the appropriate y+ is an iterative process. The
procedure is to first produce an arbitrary mesh, then undertake a simulation, then during
post-processing to check the values of y+, then to refine the mesh and repeat the process
using the new mesh. Figure 3.7 shows final achieved y+ values versus radial position, on
both rotor and stator for both gap sizes, for the highest speed case that was simulated. The
first node distance on the rotor was the same as that on the stator. The graphs show how y+
varies with radius; this is not a result of varying first node distances but rather is a result of
varying wall shear stresses and friction velocities.
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Figure 3.7: Values of y+ in 2D simulations at 3000 rpm, for both gap sizes
It was also found important to use a mesh that was sufficiently finely resolved in the radial
direction in order to correctly predict wall shear stress smoothly, particularly at low speeds.
Boundary conditions
Figure 3.8 shows the labels of each boundary for the 2D geometry. A stationary fluid domain
was used. The boundary conditions were always specified in the following way and all walls
were assumed smooth:
1. Inlet: Total pressure inlet boundary condition ptot = 0 Pa (relative), inlet temperature
T1 = 293 K (i.e. ambient), flow direction normal to the boundary. Turbulence intensity
medium, 5% (where applicable).
2. Outlet: Static pressure ‘opening’ type boundary condition (allows both inflow and
outflow across the boundary), p = 0 Pa (relative), opening entrainment temperature
Topening = 293 K.
3. Rotor: No slip adiabatic rotating wall, local surface speed v(r) = ωr.
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4. Stator: No slip adiabatic stationary wall.
5. Heater: No slip stationary isothermal wall usually held at Tw = 333 K, decreased to
323 K for very low speed simulations.
heater
rotor
stator
inlet
outlet
symmetry plane
Figure 3.8: 2D geometry, boundaries
Specifying total pressure at inlet and static pressure at outlet is less robust compared with
mass flow (or velocity) at inlet at pressure at outlet, nonetheless this is the only way to try
to predict the mass flow rate with CFD.
Convergence
Solver controls were specified as (1) a convergence criterion and (2) a domain balance
criterion. The convergence criterion was that the maximum residual should be less than
1e-4 (this is described as ‘good convergence’ in the CFX help files). A domain imbalance (of
momentum and enthalpy) of less than 1% was also specified as a requirement. In general,
the 2D solutions converged well to these conditions in both laminar and turbulent cases in
about 800-1200 iterations, with the maximum residuals often less than 1e-5 and sometimes
approaching 1e-6.
Transition modelling
It was not possible to model transition correctly in 2D using the γ-θ model and the geometry
and mesh as presented above. Transition was predicted to occur very early (in the inlet
region) and the fluid then remained fully turbulent in the rest of the domain. Transition
simulations were therefore restricted to being attempted on the 3D geometry only.
3.3.6 Three-dimensional model 1: Flat rotor
A single gap size was modelled in 3D, g = 2.5 mm (G = 0.0106) since this small gap size is
the most relevant to AFPM machines. As in the 2D case air was assumed to be an ideal gas
with constant µ, k and cp.
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Geometric setup
Figure 3.9 shows the fluid domain that was simulated in 3D, representing one quarter of
the entire rotor-stator domain. A quarter was chosen since there are four air exits in the
experimental rig. The inlet geometry was not modelled, instead the domain begins at a
radius of 38.1 mm as can be seen; this radius was chosen since it is the point where the
curved inlet from the bellmouth and pipe comes to an end. Figure 3.10 shows the 3D
modelled fluid domain in the context of the experimental rig. It can be seen that the areas
marked ‘wall’ in figure 3.9 correspond to places where the exit is blocked.
R38.10
R131.90
R235.50
heater
outlet
wall
wall
inlet
Figure 3.9: 3D Fluid domain geometry and boundaries
fluid domain (3D 
CFD model) shown in 
blue
fluid domain
air exitfluid domain
air inlet
Rotor cover
and rotor
shown as
transparent
Figure 3.10: 3D Fluid domain geometry in context
Meshing
Meshing for the 3D geometry was accomplished using Ansys ICEM to produce a fan-shaped
regular hexahedral mesh with inflated layers on the rotor and stator, as shown in figures
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3.11 and 3.12. The mesh had approximately 500,000 elements in total. The values of y+
achieved on the rotor and stator at the highest speed are shown in figure 3.13.
Y
Z X
Figure 3.11: ICEM mesh used for 3D simulations, shown in plan view
Z Y
X
Figure 3.12: Close-up of mesh showing inflation to resolve boundary layers
Boundary conditions
The boundary conditions for the 3D simulations are identical to those used in the 2D sim-
ulations, apart from at the inlet and outlet. Again, a stationary fluid domain was used. At
the inlet, the total pressure was decreased to reflect the loss in the part of the inlet which
was not modelled (but which was modelled in 2D). The inlet total pressure was estimated
by calculating the average total pressure at r = 38.1 mm in the 2D simulations. The data
are shown in table 3.2. It was found that the pressure loss coefficient Cp = ∆ptot/0.5ρR2ω2
normalised with respect to rotor tip speed was reasonably consistent for each gap size. At g
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Figure 3.13: Values of y+ in 3D simulations at 3000 rpm
= 2.5mm, Cp = −0.0713 and at g = 5mm, Cp = −0.0867 with only a small variation between
laminar and fully turbulent simulations. Inlet turbulence intensity was medium, 5% (where
applicable).
In addition to specifying the total pressure at the inlet, the flow direction also had to be
specified, and this was done using radial and tangential components (with zero axial com-
ponent). In the radial direction, a parabolic velocity profile was specified at the inlet and
in the tangential direction, an inverse power law profile was used. These were produced
by curve-fitting data from the 2D simulations. The equations for the profiles are given be-
low, with z∗ being the non-dimensional axial coordinate in the gap, measured from zero at
the rotor to one at the stator, and V ∗r , V ∗θ being the non-dimensional radial and tangential
velocities.
V ∗r = 4.84z∗(1 − z∗) + 0.25 (3.41)
V ∗θ = 10−2.262z∗(z∗+1.8649) (3.42)
A small offset was introduced in Vr to avoid the flow direction becoming parallel to the
boundary.
Table 3.2: Inlet total pressure loss in 2D simulations, g1=2.5 mm, g2=5 mm
Speed (rpm) 3000 2600 2200 1800 1400 1000 300
∆ptot, g1 (Pa) -221 -169 -124 -85.4 -53.3 -27.1 -2.37
∆ptot, g2 (Pa) -268 -206 -150 -103 -64.1 -34.1
Cp, g1 -0.0673 -0.0685 -0.0702 -0.0722 -0.0745 -0.0743 -0.0722
Cp, g2 -0.0816 -0.0835 -0.0849 -0.0871 -0.0896 -0.0934
Two outlet boundary configurations were simulated, with the same opening temperatures as
before:
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1. Open: The full periphery, including the regions labelled ‘wall’ in figure 3.9, was open.
2. Partially blocked: The ‘outlet’ region in figure 3.9 was open, but the regions labelled
‘wall’ were set to be no slip adiabatic stationary walls.
Convergence
The same solver controls were specified as for the 2D simulations. It was sometimes not
possible to achieve convergence as tightly as all maximum residuals less than 1e-4 across the
domain, but in general convergence was achieved to maximum residuals less than 4e-4 and
RMS residuals less than 1e-5 and domain balance requirements were always met.
Transition modelling
Transition modelling was attempted using the γ-θ model with default settings, the results
are given in the next chapter.
3.3.7 Three-dimensional model 2: Rotor with protrusions
Although the main focus of the present work has been a simplified geometry with a flat rotor-
stator system, a brief CFD study was also carried out on a rotor with protrusions, mimicking
the permanent magnets of an AFPM machine. The geometry was designed to follow that
used in the experimental rotor R2. A single gap size was modelled, g = 2.5 mm (G = 0.0106)
and air was assumed to be an ideal gas with constant µ, k and cp as before.
Geometric setup
Figure 3.14 shows the fluid domain that was simulated, representing one sixteenth of the
entire rotor-stator domain; this was chosen since there are sixteen protrusions on R2. The
exit partial blockage was not modelled since this would have required a moving mesh and
is considered outside the scope of the present work. The domain begins at a radius of 38.1
mm as can be seen, i.e. the inlet geometry was not modelled.
Meshing
Meshing was accomplished using Ansys v12 meshing software, rather than ICEM or CFX-
mesh, to produce an irregular mesh with inflated boundary layers on the rotor and stator,
as shown in figures 3.15. The mesh had approximately 425,000 elements in total. The
values of y+ achieved on the rotor and stator at the highest speed are shown in figure 3.16.
Unfortunately further mesh refinement in an attempt to achieve y+ ≈ 1 led to failure due to
memory limitations with the computer being used to undertake the simulations.
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Figure 3.14: Rotor R2 3D CFD geometry and boundaries
Figure 3.15: Close-up of mesh used for R2 simulations, showing inflation used to resolve
boundary layers
Boundary conditions
In contrast to the previous simulations, a rotating fluid domain was used in this simulation.
This is due to the rotor surface geometry – if a stationary fluid domain had been used with
a rotating rotor surface, it would have created non-zero fluid velocities normal to some of
the boundaries on the rotor surface, which creates problems with the CFD solver. Using a
rotating fluid domain avoids this. The boundary conditions therefore had to be specified
differently to those used previously, as follows:
1. Inlet: Mass flow rate using the measured mass flow rates from the experimental results
(see table 3.3), since it was not possible to estimate the total pressure loss through
the system up until the inlet surface in the CFD model. Inlet temperature was Tin =
293 K (i.e. ambient) and flow direction normal to the boundary. Turbulence intensity
medium, 5% (where applicable).
2. Outlet: Static pressure ‘opening’ type boundary condition (allows both inflow and
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Figure 3.16: Values of y+ at various θ on the stator for R2 simulation at 1600 rpm
outflow across the boundary), p = 0 Pa (relative), opening entrainment temperature
Topening = 293 K.
3. Rotor: No slip adiabatic wall (this is equivalent to a rotating wall in a stationary fluid
domain simulation).
4. Stator: No slip adiabatic counter-rotating wall (this is equivalent to a stationary wall
in a stationary fluid domain simulation).
5. Heater: No slip counter-rotating isothermal wall (as per stator) held at Tw = 333 K.
Table 3.3: Inlet mass flow rates used for R2 simulations
Speed (rpm) Total m˙ (g/s) m˙/16 (g/s)
300 0.885 0.0553
800 2.98 0.187
1200 4.72 0.295
1600 6.13 0.383
Convergence
The same solver controls were specified as for the 2D simulations. It was sometimes not
possible to achieve convergence as tightly as all maximum residuals less than 1e-4 across the
domain, but in general convergence was achieved to maximum residuals less than 3e-4 and
RMS residuals less than 9e-6 and domain balance requirements were always met.
Transition modelling
Transition modelling was not attempted using rotor R2.
Chapter 4
Experimental measurement of
convective heat transfer
4.1 Design of apparatus
The experimental objective was to measure spatially resolved convective heat transfer rates
from the stator surface in a rotor-stator system of varying gap size and speed and with differ-
ent inlet and rotor configurations. A secondary objective was measurement of rotor ‘freely
pumped’ mass flow rates. In addition it was desired to measure the fluid temperature if
possible and the static pressure at various locations. To achieve these objectives, an experi-
mental rotor-stator apparatus was constructed, shown in figure 4.1. The system consists of
a rotor driven by a computer controlled servo motor and a heated stator surface allowing
direct measurement of stator heat transfer. Figure 4.2 shows a cross section through the rig.
Figure 4.1: Photograph of experimental rig
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4.1.1 Measurement of convective heat transfer
Before discussing the experimental rig in detail, this short background section gives an
overview of the available experimental techniques for convective heat transfer measurement
(from Han et al. and Rohsenow et al. [108, 109]), which can be summarised as follows:
1. Array of thin film heat flux gauges: These comprise a differential temperature trans-
ducer separated by a thin thermal resistance of known properties. The heat flux
through the surface to which each sensor is attached is determined by solving the con-
duction problem through the thin film. Uncertainties of typically 5-10% are achievable
using commercially available sensors.
2. Transient techniques: These involve embedding a thermocouple array into a surface and
then exposing the surface to a step-change in fluid temperature. By recording transient
response and assuming the convective heat transfer dominates over the conductive
heat transfer at the surface, the heat transfer coefficients can be calculated.
3. Infra-red (IR) thermography: A uniform thermally insulating layer is applied to a heated
block of conductive material such as aluminium. Surface temperatures are measured
by an IR thermal imager and block temperatures by embedded temperature sensors.
Heat flux is calculated by solving Laplace’s equation for the surface insulating layer
using the experimentally obtained boundary temperatures. The method is explained
in Pelle´, Boutarfa, Harmand [79, 83, 93]. Because of the insulating layer, the radial
or tangential heat flux along the surface is small compared to axial heat flux through
the surface. The method offers high spatial resolution and does not interfere with the
flow, although for accurate results it requires in-situ calibration with known surface
temperature reference points. Also, as Cooke [94] shows, solving for heat transfer
by inverse analysis of temperature differences can produce very large uncertainties in
certain scenarios.
4. Thermochromic liquid crystals (TLCs) and thermographic phosphors: TLCs reflect differ-
ent colours of incident light depending on the local temperature. However, as discussed
by Kowalewski et al. [110] they may have limited measurable temperature range (nar-
rowband TLCs, e.g. 4K) or may be inaccurate (broadband TLCs). Because the tech-
nique is reflective, careful uniform illumination must be arranged. Thermographic
phosphors are another technique where a phosphor coating on the surface is exposed
to UV laser excitation and has a decay time which is temperature dependent. This
requires UV lasers and intricate experimental design with complex instrumentation to
achieve the desired results.
5. Array of thin-foil heaters: Thin metal strips, typically stainless steel, are electrically
heated to give a constant heat flux. Thermocouples beneath each strip measure the
surface temperature and therefore the heat transfer coefficient can be calculated. A
similar technique uses copper heaters to give regionally averaged measurements [109,
section 6.2.4]. In contrast to the other techniques, thin-film heaters do not require a
separate heating system.
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The measurement technique chosen here is a variation on the thin-film heater technique.
If constructed from a material such as copper, which has a positive temperature coefficient
of resistance, thin-film heaters can also be used for temperature sensing. In the literature,
this technique has been applied by Bae, Rule and Kim [111] to measure time and space-
resolved heat transfer in a boiling process. The authors constructed a microscale heater array
comprising 96 platinum heater elements deposited on a quartz substrate. The entire array
measured 2.7x2.7mm and each heater had a nominal resistance of 1000 Ω. The experiments
also included a camera to correlate visual information with the heat transfer measurements.
The heaters were each controlled by Wheatstone bridge circuits with op-amp feedback and
a digital potentiometer allowing heater temperature control.
4.1.2 Principle of operation
The important parameters of the experimental rig are given in table 4.1. The gap ratio was
adjustable by insertion of accurately machined spacers. The air exit gap at the periphery was
not fully open, but partially blocked. Air was pumped by the movement of the rotor from
an inlet at the stator centre to four exits at the edge of the rotor-stator system. The air mass
flow rate is derived from measurements of the gauge pressure at the air inlet pipe after a
calibrated bellmouth entry (section 4.3 describes the calibration).
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drive motor
rotor
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stator surface
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Figure 4.2: Cross-section through experimental apparatus
The stator heaters, heat flux measurement and temperature sensing were combined into
one device, a printed circuit board (PCB) with 14 concentric spiral shaped copper heater
elements, each comprising a number of turns. The number of channels (14) was chosen as
a balance between cost and spatial resolution. Since the resistance of copper varies with
temperature, the surface temperature can be measured by measuring voltage and current
for each heater. Each heater element consists of a number of concentric spirals, forming one
long resistive copper track per heater. The pitch of the spirals is very slight and therefore
although the heaters are spiral shaped they can be considered geometrically to be concentric
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Table 4.1: Experimental rig design parameters
Rotor diameter 471 mm
Rotor material Aluminium
Rotor thickness 16.5 mm
Maximum speed 3000 rpm
Clearance at outer edge 1.2 mm
Stator mount material Tufnol
Stator air inlet diameter 76.2 mm
Gap size g 2-22 mm
Gap ratio G 0.0085-0.0934
PCB track width 550 µm
PCB inter-track gap 200 µm
Copper thickness 25 µm
Number of heaters 14
Heated section inner radius 131.9 mm
Heated section outer radius 241.4 mm
annular rings. Two PCBs were produced: one with exposed tracks (PCB1), the other with a
thin layer of epoxy (solder resist) bonded to the surface (PCB2) for a smoother finish; this is
illustrated in figure 4.3.
tres ≈ 25 µm
tFR4 = 1.65 mm
ttrack ≈ 25 µm
550 µm
200 µm
PCB2
PCB1
FR4
copper
solder 
resist
heat transfer into fluid
Figure 4.3: Cross-section through both heater PCBs (NOT TO SCALE)
An accurately known voltage V is applied across each heater, resulting in a current I = V /R
flowing, depending on the heater resistance. The total heat flow from the heater can be
calculated as Q = IV . The net convective heat flux is equal to Q − Qrad − Qcond where
Qrad is the radiative heat transfer from stator to rotor and Qcond is the conductive heat loss
through the rear of the heater PCB. The values ofQrad andQcond are small but not negligible;
Qrad is calculated directly and subtracted from Q, whereas Qcond is included as a systematic
uncertainty since it cannot be accurately known due to the lack of knowledge of thermal
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contact resistances between insulating layers in the experimental rig. The local convective
heat transfer coefficient is given in equation 4.1:
h = IV −Qrad
A (Ts − Tref) = qnetTs − Tref (4.1)
Strictly speaking, Tref should refer to the local fluid bulk temperature at the radius where
the measurement for h is being made. However, it is recognised [36] that it is often difficult
to measure the local fluid bulk temperature. Therefore the accepted convention is to use the
ambient inlet fluid temperature as the reference temperature and this convention is followed
here. This issue was discussed in detail in section 3.2.5 of the preceding chapter.
Closed loop control of temperature is needed. This is accomplished by calibrating the heaters
so that they can be used as resistance temperature sensors. In the case of copper the resis-
tivity variation with temperature is found to be linear within the range of interest. During
heat transfer measurements, a control system continually adjusts the voltage across each
heater to maintain the required temperature. Each heater element was designed to have
approximately the same resistance so that the control circuits could be identical. (The exact
resistances were measured against temperature during the calibration process as described
in section 4.3.) Figure 4.4 shows a section of the uncoated heater PCB1.
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Figure 4.4: Photograph showing uncoated heater PCB1, t = track width, w = heater width.
A Matlab program was written to assist with the heater design; the user specifies the con-
straints including the required number of heaters, track height and track-to-track gap, and
sets the desired track width, which is used to adjust heater resistance. The program then
calculates the integer number of spiral ‘turns’ required per heater and provides the geomet-
ric data for the CAD software used to produce the design. Using this program, the heaters
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Figure 4.5: Heater layout, dimensions in metres
were designed to have between 8 and 14 turns, chosen such that each has an approximate
resistance of 30 Ω.
By using the control system to set every heater element to the same temperature, an isother-
mal surface is produced on each copper strip heater and heat transfer along the surface
between adjacent heater elements can be assumed to be negligible. The use of the term
‘local’ with respect to heat transfer coefficients, heat flux, or temperature measurements
in this paper refers to the averaged or ‘lumped’ measurements for each heater ring. Within
each heater element, variations in the r-direction and the θ-direction are therefore averaged.
Variations between adjacent heaters, however, are resolved.
4.1.3 Rig sizing and materials selection
Axial flux permanent magnet (AFPM) machines are available in a variety of sizes as shown
in table 4.2. The high speed generator shown in this table is a somewhat special case and
exhibits significant aerothermal design challenges outside the scope of the current research
(for example direct viscous heating of the air in the gap). However even with this, it can be
seen that AFPM machines typically operate at Reθ ∣max ≈ 1e6.
In choosing an experimental rig size it was decided to limit maximum speed to 3,000 rpm
or lower for safety reasons and to avoid viscous heating of air. For scientific interest it was
decided to explore a range of rotational Reynolds numbers up to Reθ ≈ 1e6 if possible, since
this would cover laminar, transitional and turbulent flow regimes. Therefore the rotor disc
radius required is:
R = √Reθν
ω
≈ 0.22m (4.2)
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Table 4.2: AFPM Machines in the literature
AFPM machine Maximum speed (rpm) Diameter (m) Max. Reθ Si/So
Pullen et al. [22] 60,000 0.081 6.6e5 0.38
Bumby et al. [23] 500 0.495 2.0e5 0.80
Spooner et al. [20] 3,000 0.3 5.6e5 0.57
Chalmers et al. [112] 200 0.465 7.2e4 0.59
Bumby et al. [21] 4,500 0.415 1.3e6 0.57
3,000 0.314 4.9e5 0.67
The second geometric decision is the inner radius of the stator heated area. Typically, AFPM
machines have a magnet size ratio of 0.58 < Ri/Ro < 0.7 [113]. However, stator coils are
likely to be larger than magnets due to end windings, and some typical ratios between
inner and outer stator areas are shown in table 4.2. Based on this, it was decided to use
Si/So = 0.55 in the experimental rig, which requires Si ≈ 0.132m if So ≈ R.
Drive motor specification was decided on the basis of requiring a robust motor shaft in order
to overhang the rotor disc without requiring extra bearings; a high performance permanent
magnet brushless servomotor (Dahaner AKM63) was chosen on the basis that it could be
flange-mounted directly on the rig and also used for future research, for example character-
isation of electrical machines.
Maximum heater power was estimated at 460 W, based on Numax ≈ 950 using rotor turbu-
lent heat transfer correlations [66] at Reθ = 1e6 and ∆T = 40 K. However in order to allow
some margin and flexibility in operating, a 1 kW power supply unit was chosen to provide
the heater power (Digimess SM5020, 50 V, 20 A maximum).
Figure 4.7 shows an exploded view of the experimental rig assembly. The rotor and rotor
cover were machined from aluminium which is a highly thermally conductive material (k
= 204 W/mK). It was decided to use aluminium in order to achieve a good manufacturing
accuracy and lightweight design which could easily be assembled and disassembled. How-
ever, this tends to produces an isothermal rather than an adiabatic rotor surface boundary
condition in the experiment, with some heat transfer into the rotor expected. This effect is
more prevalent at lower speeds and smaller gap sizes as discussed in chapter 6. However
it is only a small effect: the convective heat transfer coefficients at the rotor-fluid interface
are likely to be higher than those at the stator-fluid interface but the temperature difference
between rotor surface and wall adjacent fluid near is likely to be quite small, depending on
the thickness of the stator thermal boundary layer.
Two rotors were fabricated for testing: R1 having a flat surface and R2 having protrusions
from the surface (shown in figure 4.6), which were designed to mimic approximately the
geometry of permanent magnets in an AFPM machine. Most of the experimental testing and
CFD simulation was carried out using R1 but a limited test set was taken using R2. The
inside and outside radii of the ‘magnets’ was selected to give Ri/Ro = 0.66 and to correspond
with the boundary between heater channels 2–3 and 12–13 on the stator, giving 10 channels
which are beneath the ‘magnet’ area. The depth was chosen as 6 mm which is of the order
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Figure 4.6: Drawing showing R2, rotor with protrusions
of the gap sizes tested. Increasing it beyond this would have led to dynamics problems
with the rotor. The number of magnets was arbitrarily chosen at 16 but given that many
AFPM machines have a high pole count, this is reasonable for a geometric mock-up. The
main purpose of testing R2 was to compare the results with R1. In future a series of more
detailed parametric tests could be conducted to assess the impact of number of magnets,
inter-magnet gap, magnet depth etc. on the airflow.
Various insulating materials were considered for the stator mounting, including fibre insu-
lating board (k = 0.049 W/mK), corkboard (k = 0.043 W/mK) and bakelite (k = 0.232
W/mK). However, it was decided to use Tufnol (k = 0.36 W/mK, ρ = 1460 kg/m3), an
epoxy-fabric composite which is strong, easily machined and rigid.
4.1.4 Dimensional analysis
As discussed in chapter 3, in a convection problem the wall heat transfer is a function of
various parameters which can be expressed as non-dimensional groups. In order to simplify
the problem it is desirable to ignore non-dimensional groups which do not affect the heat
transfer. Various groups are therefore now evaluated directly with respect to the experiment
design in order to ascertain whether they can be disregarded.
Reynolds number
The Reynolds number is the ratio of viscous to inertial forces, and the most important non-
dimensional group in fluid mechanics:
Re = ρ0vL
µ0
(4.3)
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Figure 4.7: Exploded view drawing of experimental rig
It shows where the problem is likely to be laminar, transitional or turbulent. In the rotor-
stator system, two forms are Reynolds number are defined, the rotational Reynolds number
Reθ = ωR2/ν and the gap Reynolds number Reg = ωgR/ν. Various authors (see [6, pg. 22])
have shown that transition from laminar to turbulent flow on a free rotor begins atReθ ≈ 2e5.
In the rotor-stator system considered here, 0 < Reθ < 1e6.
Prandtl number
The Prandtl number is the ratio of momentum diffusivity to thermal diffusivity, and gives the
likely thickness of the thermal boundary layer in comparison to the velocity boundary layer.
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For gases Pr ≈ 0.7:
Pr = µ0cp
k0
(4.4)
If the cooling fluid is always the same (in this case air) then the Prandtl number can be
ignored as an independent variable.
Mach number
Compressibility effects in a problem are quantified using the Mach number, the ratio of the
highest tangential rotor surface speed to the local speed of sound:
Ma = ωR√
γRairT
(4.5)
The highest rotational Mach number for the experimental rig, calculated at ω = 3000 rpm,
R = 0.24 m, Tref = 350 K, is Ma = 0.2, therefore compressibility effects can be ignored and
the problem treated as incompressible.
Eckert number
The importance of viscous dissipation can be quantified using the Eckert number, a non-
dimensional group which is the ratio of kinetic energy at the wall to enthalpy difference
between the wall and fluid:
Ec = v2
cp∆T
(4.6)
In this equation, v is a characteristic flow velocity and ∆T is a characteristic temperature
difference, typically 40K for the system considered here, giving cp∆T ≈ 40000. The highest
velocities are found at the outer edge of the disc at high rotational speeds, for example v =
74m/s at 3000 rpm, giving v2 = 5476m2/s2. Therefore it is estimated that in general, Ecmax ≈
0.14 although for the experimental results given here, the highest rotor speed was set at 2700
rpm giving Ecmax ≈ 0.11. Although small, the Eckert number is not negligible during high
speed tests and viscous heating will lead to slightly increased bulk fluid temperatures, see
section 4.1.6.
Grashof number
The Grashof number is the ratio of buoyancy forces to viscous forces in a problem and
becomes important in natural (free) convection problems:
Gr = gβ∆TL3
ν2
(4.7)
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In a rotating fluid, g should equal the centripetal acceleration v2/r rather than the grav-
itational acceleration. The classification of a problem as forced (driven by an externally
imposed pressure gradient), mixed or free (buoyancy driven) convection can be determined
by examining the ratio Gr/Re2. If Gr/Re2 << 1 then the problem is pure forced convection,
whereas if Gr/Re2 >> 1 it is pure free convection. If Gr/Re2 ≈ 1 then it is mixed convection.
In the geometry under consideration:
Gr
Re2
= gβ∆TL3
ν2
ν2
v2L2
= gβ∆TL
v2
= gβ∆TL
ω2r2
(4.8)
The extreme situation is a low speed (200 rpm), at the inner radius where heating begins (r
= 0.142 m), using the gap size as the characteristic length (L = 2.5e-3 m). In this situation,
g = rω2 = 62.3 m/s2 giving Gr/Re2 = 0.0024 and therefore the problem can be regarded
exclusively as a forced convection problem.
Non-dimensional mass flow rate
Non-dimensional mass flow rate through the rotor-stator system is defined as:
Cw = m˙
µR
(4.9)
In some rotor-stator systems, Cw is an independent variable, however in the current research
it was desired to investigate heat transfer in ‘freely ventilating’ conditions (i.e. air flow as
pumped solely by the rotor, with no additional external pressurisation) and therefore Cw
can be considered a dependent variable.
Moment coefficient
The moment coefficient non-dimensionalises the drag torque τ on one side of a rotating disc
and is defined as:
Cm = τ0.5ρω2R5 (4.10)
4.1.5 Instrumentation and control
A block diagram of the heater control system for a single channel, which comprises two
feedback control loops, is shown in figure 4.8. All channels are identical to this.
The inner voltage control loop was constructed in hardware using high performance, low
drift operational amplifiers with extremely low offsets (0.5µV ). A four-wire connection to
each heater enables a differential amplifier (U1 - see appendix) to measure accurately the
voltage drop across the heater, which is subtracted from a computer controlled reference
voltage. The error signal is passed through an integrator circuit which drives a MOSFET.
This inner loop compensates for any voltage drop in the heater power wires. The full circuit
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Figure 4.8: Block diagram of heater control system
diagram is given in Appendix B.2. The circuit was designed to run from a ±12 V power
supply, with heater voltages of up to 36 V and a DAQ maximum output voltage of ±10 V,
therefore the gain of U1 was set at 0.274. For current measurements, a 0.1 Ω current sense
resistor was used together with a differential amplifier (U3) with gain set at 30.1, giving a
3.01 V input to the DAQ at 1 A current flow (the DAQ input range was set to 5 V).
The outer temperature control loop was implemented in software (National Instruments
Labview). The actual heater temperature is calculated from the heater resistance, which
is found by dividing the measured heater current into the applied heater voltage. A look
up table containing calibration data is used for this purpose. A temperature PID controller
responds to the temperature error, adjusting the reference voltage in order to bring the heater
to the desired temperature Tset. The controller was tuned manually to give a reasonable
response time whilst avoiding excessive overshoot or oscillation.
Temperature in the fluid was measured using a small (0.3 mm diameter) type T thermo-
couple probe, mounted at r = 0.187 m, on a hand-adjustable linear stage to give precise
vertical movement. Fluid temperature measurements can be affected by recovery effects due
to the adiabatic fluid deceleration at the stagnation point directly in front of the temperature
sensor. The total temperature is given by:
Ttot = Tstat + v22cp (4.11)
During fluid temperature measurements, the highest measured speed was 1800 rpm and
since fluid core speed is about half of rotor surface speed, this gives vmax = 17.5 m/s at the
sensor, and therefore v2/2cp = 0.15 K. Therefore, recovery effects should not significantly
alter the fluid temperature measurements.
Thermal conduction along the thermocouple wires may however alter results significantly.
In order to avoid this, Rohsenow et al. [108] recommend that the leads near a fluid tem-
perature sensor should pass through an isothermal region for around 20 diameters. In the
case of a 0.3mm diameter thermocouple, this means extending at least 6 mm within an
isothermal region as shown in figure 4.9. However, since the fluid probe passes through the
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thermal boundary layer there may still be unavoidable heating due to conduction along the
probe wires. This seems impossible to avoid without significantly increasing the size of the
temperature sensor.
flow direction
L > 20D
PCB heater
Tufnol mount
vertical adjustment
thermocouple tip
Figure 4.9: Arrangement of thermocouple probe (diameter D) to measure fluid temperatures
in the thermal boundary layer
Static pressure measurements were made at 3 radial locations using 0.5 mm diameter pres-
sure tappings connected to a multi-tube kerosene filled manometer inclined at 30○ to the
horizontal. Rotor speed was measured directly from the servo motor control system. Mass
flow was measured using a calibrated bellmouth inlet connected to an electronic pressure
transducer.
4.1.6 Unwanted heat losses and gains
A number of unwanted heat loss and gain paths exist in the apparatus. The effect of these
on the experimental results was quantified and minimised. The paths are as follows:
1. Conduction loss behind and around the circumference of the stator PCB
2. Radiative heat transfer from stator to rotor
3. Windage heating of the fluid due to viscous dissipation
These items will now be addressed in turn:
Firstly, conduction heat loss behind the stator surface was minimised by mounting the PCB
on a Tufnol mounting bolted to a wooden table, with a layer of cork between the Tufnol
and wood, and a layer of polystyrene behind the wood and around the Tufnol. The PCB
substrate material is FR4 which has a thickness of 1.65mm and thermal conductivity of 0.25
W/mK. Tufnol is a composite material made from phenolic resin and cotton. The thermal
conductivity is 0.32 W/mK and the axial thickness behind the PCB is 45 mm. The thermal
conductivity of cork is 0.045 W/mK and the thickness 35 mm. The thermal conductivity
of wood is about 0.2 W/mK and the thickness 20 mm. Finally, the thermal conductivity
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of polystyrene is 0.08 W/mK and the axial thickness 30 mm. The convective heat transfer
coefficient for natural convection from the underside the polystyrene, which is horizontally
mounted, can be calculated based on coefficients found in Chapman [9] giving h ≈ 3 W/m2K.
A simple one dimensional thermal conduction analysis can be undertaken using the above
data to quantify the heat loss behind the stator PCB:
q = Ts − Tamb
Σ tiki + 1h (4.12)
Using this analysis it can be shown that the maximum heat loss is small, but not necessar-
ily negligible. As already discussed, due to the lack of knowledge of the thermal contact
resistances between insulating layers, the conduction heat loss has been accounted for as a
systematic uncertainty, see section 4.7.1.
Conduction heat loss in the radial direction at the innermost and outermost heated bound-
aries is unavoidable. In order to maintain the desired temperature, the inner and outermost
heaters display a much greater apparent specific heat flux as a result of this edge effect. The
heat flux at these heaters cannot be considered to represent the actual convective heat trans-
fer and therefore only heaters 2-13 provide a reliable convective heat transfer measurement
directly, see section 4.4.
Secondly, the radiative heat transfer from the stator to the rotor depends on the temper-
ature of each surface, the surface emissivities, and the view factor. An infra-red thermal
imager1 was used to measure the stator surface emissivity for the coated PCB2. This was
accomplished by setting the stator to a known temperature, then calculating the emissivity
along an isothermal line in the centre of the heated section in the image. This process was
repeated 27 times using different lines and difference focal lengths. The emissivity of the
PCB2 was found to be 0.88 ± 0.10 (95% CI). The emissivity of PCB1 proved almost impos-
sible to measure because the emissivity of the exposed conductors is very different to the
emissivity of the gaps between the heaters. The emissivity of the conductors was found to be
approximately 0.11, but this is not certain because low emissivities are difficult to measure
due to reflections and directional effects. The FR4 substrate was found to have an emissivity
of approximately 0.7. The average emissivity of PCB1 can therefore be taken as ≈0.4. The
rotor, being polished aluminium, is estimated to have an emissivity of 0.05 or less [9].
The radiative view factor between two parallel coaxial discs depends on the gap size. A
formula for calculating this is given by Incropera et al. [114, pg. 817]; for small gap sizes
F12 ≈ 0.95. If the rotor and stator areas A1 and A2 can be assumed equal for the purpose
of calculating radiative heat exchange, then the specific radiative heat transfer is given in
equation 4.13:
qrad = σ (T 4s − T 4r )1−s
s
+ 1Fsr + 1−rr (4.13)
1FLIR Thermacam SC3000
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During experiments, the rotor temperature was periodically measured using a hand held
temperature probe by stopping the rotor and applying the probe to the rotor surface. For
each heat flux measurement, qrad is calculated and subtracted from the total heater power
to give the convective heat flux.
Finally, the importance of viscous dissipation can be quantified using the Eckert number,
defined in section 4.1.4. Although Eckert number effects are not negligible at higher speeds,
fluid temperature increases occur mainly near to the rotor, at the rotor tip, and it is suggested
that the stator heat transfer is unlikely to be greatly affected. In addition, fluid at ambient
conditions tends to be entrained inwards at the stator at all but the smallest gap sizes.
This will further decrease the likelihood that windage heating will affect the heat transfer
measurements at the stator. However in order to reduce viscous heating effects, high speed
tests were not run for extended periods of time, and circulating air is allowed to cool the
back of the rotor through holes in the rotor cover.
The viscous dissipation can be calculated approximately from experimental correlations for
moment coefficient which are presented in the literature. The most relevant for this geome-
try are those of Owen and Haynes [115], shown in table 4.3, alongside correlations for the
free disc as a reference case.
Table 4.3: Rotor moment coefficient correlations
Description Correlation Valid range Reference
Laminar free disc Cm = 1.935Re−0.5θ Reθ < 2e5 ESDU [6] pg. 21
Turbulent free disc Cm = 0.073Re−0.2θ 5e5 < Reθ < 2e6 Dorfman [59]
Rotor-stator with Cm = (C6m1 +C6m2) 16 0 < Reθ ≤ 4e106 Owen, Haynes [115]
radial outflow Cm1 = 0.0553 (CwG )0.8 1Reθ ab = 0.1333
Cm2 = 0.0655Re−0.186θ 1.4e4 ≤ Cw ≤ 9.8e4× (1 + 12.4 CwReθ ) 0.01 ≤ G ≤ 0.18
From this it is possible to calculate the drag torque Tq, and therefore the windage heating
Q = Tqω on one side of the disc, equation 4.14:
Tq = 0.5Cmρω2R5 (4.14)
In the range of parameters of interest in this experiment, the equation for the turbulent free
rotor gives a similar result to that for the rotor-stator with radial outflow, and the correlation
of Owen and Haynes [115] is relatively insensitive to gap ratio, but is sensitive to Reθ and
Cw. For the maximum rotor speed tested the windage heating is calculated to be 45 W
per side, which is about 15 per cent of the applied heater power, as expected based on the
maximum Eckert number.
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4.2 Fabrication
The rotors, rotor cover and stator mount were manufactured by Exact Engineering Ltd. ac-
cording to the manufacturing drawings which are included in Appendix B.1. Figure 4.10
shows the Tufnol stator mount with PCB1 prior to assembly of the remaining parts of the
experiment, and figure 4.11 shows rotor R2 prior to mounting on the motor shaft.
Figure 4.10: Stator mount with PCB1,
during assembly
Figure 4.11: Photograph of R2, aluminium
rotor with protrusions
The bellmouth entry was manufactured in plastic by Rapidform Ltd. using a stereolithogra-
phy rapid prototyping system; the cable cover was also manufactured by Rapidform, using
a powder-based 3D printing process. Prior to construction of PCB1 and PCB2, a prototype
heater circuit was built to test the operating principle, this is shown in figure 4.12. It was
found that the prototype voltage feedback loop self-oscillated. The oscillation was removed
by inserting capacitors across the gate-source of the MOSFET and across the heater voltage
sense inputs. Due to the addition of these capacitors and the fact that the circuit includes an
integrator but no proportional controller, the settling time is relatively slow, around 100-200
ms. However for steady state regionally averaged measurements this response is acceptable.
After proving the concept with the prototype heater, each circuit was individually constructed
and tested, and then all circuits were combined onto a motherboard for heater calibration
and experimental use, as shown in figure 4.13. The full-sized double sided through-hole
plated circular heater PCBs were designed using a 2D CAD system (Vectorworks) and man-
ufactured by Garner Osborne Circuits Ltd. using standard PCB manufacturing techniques.
4.3 Calibration procedure
4.3.1 Thermocouples
All thermocouples apart from the surface temperature probe were calibrated in a water bath
against a 5-point type J calibrated reference thermocouple supplied by Omega Engineering.
CHAPTER 4. EXPERIMENTAL MEASUREMENT OF CONVECTIVE HEAT TRANSFER 100
prototype PCB 
heater
data acquisition 
system
voltage sense 
wires
power wires
prototype control circuit
Figure 4.12: Prototype heater PCB and control circuit arrangement
Figure 4.13: Control circuits for 14 heater channels
They were found to have offset errors of less than 0.1 K apart from one thermocouple which
had an offset error of 0.2 K. Linear fits of thermocouple measured temperature versus refer-
ence thermocouple temperature show gradients very close to 1 (within 0.7%) and therefore
only temperature offsets need be considered. The thermocouple used for surface tempera-
ture measurements on the rotor could not be calibrated in this way, but being class 1, the
uncertainty is reasonable (see section 4.7).
4.3.2 Stator PCBs
The two heater PCBs were individually calibrated in a precision temperature controlled
Lenton oven, as shown in figure 4.14. Each was mounted horizontally to minimise the
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effect of temperature gradients. The heater, control circuits and DAQ system were calibrated
together. The oven was set to a temperature and the system left to stabilise for 10-20 minutes
until steady thermocouple readings were measured by the calibrated reference thermocou-
ple which was placed on the heater inside the oven. A brief voltage was applied to all heater
channels and the current allowed to settle before recording the current measurements, then
the voltage was removed. This was repeated at different voltages and for different tem-
perature set points. In order to find the optimum voltage feedback circuit settling time, a
range of tests were run at different settling times, gradually decreasing from 1.5 s. Longer
times result in a small amount of self-heating in the heaters which obscures the results of the
calibration, so the shortest time possible was of interest. Below 200 ms the results became
inconsistent because of the initial settling time of the hardware control loop. Therefore 300
ms was chosen as a consistent option and a compromise between avoiding sag in the current
measurement (due to self heating) and avoiding the transient response of the control cir-
cuit. At lower applied voltages (below 5 V) it was found that heater measurements became
unreliable due to oscillation in the voltage feedback loops. Also, unfortunately, 35 V mea-
surements were unreliable due to a current limit which had inadvertently been set on the
heater power supply. Therefore 5-30 V readings (70 points in total) were used for multiple
regression analysis. Appendix A.2 gives calibration data for both PCBs.
Figure 4.14: Stator PCB calibration in precision temperature-controlled oven
The repeatability of results was measured by repeating the same test at two temperature
setpoints on two separate days with the oven shut down overnight. It was found that tem-
perature results were repeatable to within 0.1 K and current measurements were repeatable
to within 0.1% based on two temperature setpoints and a range of applied voltages. The sen-
sitivity to thermocouple repositioning was measured; it was found that at the same setpoint,
temperature measurements in different positions differed by up to 0.2 K.
For each heater, the resistance is given by equation 4.15, with T measured in C○:
R = b1 + b2V + b3T + b4 (V T ) (4.15)
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In this equation, b1-b4 are constants calculated from the calibration data. The term b1 is the
resistance at 0○C; b2 is the coefficient of resistance with respect to applied voltage. This slight
variation of the apparent measured resistance with voltage arises from offsets in the voltage
and current measurement circuits. The coefficient of resistance with respect to temperature
is given by b3 and is about 0.1 Ω per K. Finally, b4 is a cross correlation term accounting for
any interaction between V and T, as can been seen this is virtually negligible. Rearranging
equation 4.15 allows the heater temperature to be calculated from the voltage and current
using the calibration constants, equation 4.17:
T = R − (b1 + b2V )
b3 + b4V (4.16)
∴ T = VI − (b1 + b2V )
b3 + b4V (4.17)
4.3.3 Mass flow
A bellmouth with four internal parallel static pressure tappings, connected in a triple-T ar-
rangement to a single pressure transducer, was used for mass flow measurements since this
provides a very low loss entry and therefore does not significantly impede airflow. Calibra-
tion was achieved by removing the bellmouth and connecting it to a Cole-Parmer laminar
element mass flow meter measuring up to 5 g/s, with a bypass valve and vacuum fan.
Voltage measurements from the electronic gauge pressure transducer (Omega PX138, 0.3
psi range) connected to the bellmouth static pressure tappings were recorded against mass
flow measurements from the flow meter. A linear relationship between V and m˙2 was found
for the calibrated range 1g/s < m˙ < 5g/s (R2 = 0.9904), the data are shown in Appendix A.1.
The maximum calibrated mass flow rate was limited by the full scale range of the laminar
flow meter. The RMS error from the linear fit was found to be ∆m˙RMS = 0.12 g/s. The
accuracy of the Cole-Parmer meter is ≈ 1% of a reading. Based on the calibration, for a given
voltage reading from the pressure transducer, the mass flow measurement is given by the
following equation (V0 is the voltage at zero mass flow, nominally 3.5 V):
m˙ = 11.905√V0 − V (4.18)
Using this data, the discharge coefficient of the bellmouth was calculated to be Cd = 0.96.
Additionally, for each set of experimental results, atmospheric pressure patm and ambient
temperature Tamb were measured so that air density ρ could be calculated. A correction was
then applied to the mass flow measurement to account for any density changes in relation
to the air density at the time of calibration, ρref = 1.18 kg/m3, since p1 = p2(ρ1/ρ2) and
m˙ = f(√p):
m˙corrected = √ρref
ρ
m˙ (4.19)
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Below 1 g/s some scatter is evident in the calibration data, therefore a conservative estimate
of the turn-down ratio of the bellmouth is 5:1, although it is likely that in practice data may
be measured reliably down to approximately 0.5 g/s. In addition some extrapolation above
5 g/s is probably acceptable given that the bellmouth pressure tappings were located close
the entry and the calibration data are ‘well behaved’.
4.4 Stator temperature uniformity measurement
The temperature uniformity of the heated stator under natural convection conditions (i.e.
with the rotor disc and cover removed) was investigated using the thermal imaging camera.
It was found that under these conditions the temperature of the PCB2 heater was uniform
to within ±0.7K (95% CI) measured radially across the heaters. However, a boundary effect
was observed at the inner and outermost heater radii, where a radial thermal gradient can
be seen, as shown in figures 4.15 and 4.16. This thermal gradient is due to the unavoid-
able radial heat flux at the heater boundary. The control system ensures that the average
temperature of the inner and outermost heaters is held at the temperature setpoint, but a
small temperature gradient develops across each. In figure 4.16, the average temperature
of heater 1 is 327.7 K (54.6○C), and that of heater 2 is 328.1 K (55○C), which demonstrates
that the control system is functioning correctly with Tset = 55○C. Looking at the temperature
gradient, heater 1 has to sustain a significant radial heat flux out of the boundary. There is
also a small radial heat flux from heater 1 into heater 2. This has an almost negligible effect
on the results, but it can be removed by marginally lowering the temperature setpoint for
the boundary heaters.
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The temperature uniformity of PCB1 was difficult to determine using infra-red imaging be-
cause of the huge difference in emissivity of the exposed gold-plated copper tracks in com-
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parison to the substrate. However, the gaps between tracks are small (0.2 mm) and the tem-
perature drop to the mid-gap point is likely to be insubstantial, hence the thermal boundary
condition for PCB1 should be close to uniform in temperature.
4.5 Surface roughness measurement
In order to minimise the effect of rotor surface roughness on the heat transfer measurements,
the rotor surface was polished during manufacture to achieve a hydraulically smooth finish.
The roughness of the stator surface affects the convective heat transfer. It is generally ac-
cepted [6] that roughness does not affect the fluid shear stress in the turbulent flow regime
if the absolute roughness height is less than the viscous sub-layer thickness, y+ < 5. Daily
and Nece [41] studied the effect of surface roughness on measured rotor moment coefficient
and found that within the laminar regime, roughness has no effect. However, the onset
of turbulence and the measured moment coefficients in the turbulent regime are affected
by roughness, with rougher surfaces exhibiting higher moment coefficients (and therefore
improved heat transfer compared to smooth surfaces).
In the present study, PCB1 has exposed tracks which are each 16µm high so the maximum
roughness height can be taken as e = 16 µm and the RMS roughness height as 8µm. The
surface roughness of PCB2 was measured using a surface profiler2, figure 4.17. The data
have been corrected to remove low frequency skew because the sample was not perfectly
flat. The RMS roughness of this data is 3.3µm and therefore the maximum roughness height
of PCB2 is e ≈ 7 µm.
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Figure 4.17: Measured surface roughness of PCB2
The relative roughness with respect to axial gap size can be calculated as e = y/g. For the
smallest gap size examined here this gives a value of 6.4e-3 for PCB1 and a value of 2.8e-
3 for PCB2. It is expected that PCB1 will exhibit higher average Nusselt numbers in the
turbulent regime compared to PCB2, particularly at small gap ratios.
2Veeco Dektak
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4.6 Rotor dynamics and balancing
Each rotor was statically balanced on a set of parallel rolling knife-edges used for balancing
grinding wheels, as shown in 4.18. Since the rotors are large in diameter compared to their
thickness, static balancing is adequate for this experimental rig. A steel balancing ring was
machined and mounted onto each rotor. The out-of-balance weight was found and then
removed from the ring and the procedure repeated until the rotor remained balanced at any
rotational position on the the balancing edges. During experimental runs it was found that
there was no noticeable vibration even at higher speeds, although the actual vibration level
was not measured.
Figure 4.18: Rotor static balancing with parallels. The polished surface finish can be seen.
4.7 Uncertainty analysis
4.7.1 Systematic uncertainties
Thermocouples
Thermocouples apart from the surface probe were calibrated as described in section 4.3
against a calibrated thermocouple with worst case uncertainty ∆ETC1 = ±0.22K. Combining
the uncertainties of the calibrated thermocouple, data acquisition system (∆EDAQ = ±1.4K)
and water bath (∆EB = ±0.24K), the total uncertainty in thermocouple temperature mea-
surements is calculated as:
∆ETC2 = √(∆E2TC1 +∆E2DAQ +∆E2B) = ±1.44K (4.20)
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A class 1 type E thermocouple probe was used for rotor surface temperature measurements
and this could not be calibrated at the same time as the other thermocouples. The total
uncertainty for this thermocouple, including DAQ system, is calculated to be ∆ETC3 = 1.56K.
Uncertainty margins are given for a 95% confidence interval (CI).
Heater voltage, current and power
The accuracy of resistors used in the control circuits was 0.1% and the current sense resistor
had an accuracy of 1%. Therefore the uncertainty in the current measurement is calculated
to be ≈ 1%, ignoring uncertainties in the op-amp itself, which should be negligible for this
type of op-amp at steady state. The uncertainty in the data acquisition system is far smaller
than this, of the order of 0.01% and therefore can be disregarded.
The uncertainty in the voltage feedback circuits was measured directly by applying a set
voltage of 5 V, 10 V or 20 V across the heaters and measuring the actual voltage across each
heater using a digital multimeter. It was found that the uncertainty in voltage measurements
is ∆EV = ± 30 mV (95% CI).
The uncertainty in power measurements depends on the applied voltage, but following the
above discussion it can be seen that the uncertainty in current measurement dominates
and therefore the uncertainty in power measurements is likely to be around 1%. More
specifically, since Q = IV , the uncertainty in power is given by equation 4.21:
∆EQ =
¿ÁÁÀ(∂Q
∂I
∆EI)2 + (∂Q
∂V
∆EV )2 = √(V∆EI)2 + (I∆EV )2 (4.21)
For example, if the voltage applied is 30 V and the current drawn is 1 A, then the power is
30W and the uncertainty is given by ∆EQ = √(30 × 0.0102)2 + (1 × 0.03)2 = 0.31 W which is≈ 1% as expected.
Heater temperature
Measured heater resistances were calibrated against temperature and applied voltage as
discussed in section 4.3, removing systematic errors in heater temperature measurements
caused by the circuits, but leaving systematic uncertainties caused by the reference ther-
mocouple and calibration oven. The various uncertainties in the calibration process are as
follows: calibrated reference thermocouple, ±0.22 K; DAQ system, ±1.4 K; oven temper-
ature uniformity, ±0.2 K; oven temperature stability and repeatability, ±0.1 K. Combining
these gives ∆EH = ±1.44 K.
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Conductive heat loss
The conductive heat loss through the bottom of the experimental rig introduces a small bias
to the results but due to the lack of accurate knowledge of the thermal contact resistances be-
tween adjacent insulating layers, this must be included as a (one-sided) uncertainty ∆EQcond
rather than directly subtracted from the measured heat flow. The worst case conductive heat
loss occurs when the stator surface convective heat transfer is smallest, whence the conduc-
tive loss will be a larger proportion of the measured heater power. It can be shown for the
experimental results presented that 0.008Q < ∆EQcond−MAX < 0.12Q.
Radiative heat loss
The radiative heat exchange between stator and rotor is calculated using equation 4.13 and
for a typical experimental run the figure is reasonably constant since the rotor and stator
surface temperatures do not change substantially. For example, typically TS = 333 K and TR
= 300 K and therefore qrad ≈ 11 W/m2, which is a small but not negligible fraction of the
heater power. This figure itself is subject to some uncertainty since the temperatures and
emissivities are subject to uncertainties. An analysis of the partial derivatives of equation
4.13 shows that typically ∆Eqrad ≈ 4.7 W/m2 for PCB1 and ∆Eqrad ≈ 4.2 W/m2 for PCB2
under the aforementioned conditions.
Convective heat transfer coefficient
The convective heat transfer coefficient was defined in equation 4.1. If the uncertainty in A
can be ignored (a reasonable assumption given the accuracy of the manufacturing process),
then the uncertainty in h can be derived by calculating the partial derivatives of h with
respect to q, qrad, T and Tref . This is given by equation 4.22 (since the uncertainties in T
and Tref are essentially the same they have been grouped into one term):
∆Eh =
¿ÁÁÁÀ ∆Eqnet(T − Tref)2 + 2 q
2
net(T − Tref)4 (∆ET )2 (4.22)
where (due to the uncertainty caused by conduction as previously explained):
∆Eqnet = ⎧⎪⎪⎨⎪⎪⎩ (∆Eq)
2 + (∆Eqrad)2 for +∆Eh(∆Eq)2 + (∆Eqrad)2 + (∆Eqcond)2 for −∆Eh (4.23)
For example, if q = 1000 W/m2, T = 333 K and Tref = 293 K and uncertainties are as per the
previous sections then h = 24.7 ± 1.29 W/m2K (95% CI), which is an uncertainty of around
5% and is dominated by the uncertainties in the temperature measurements.
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The expected uncertainty in the spatially averaged heat transfer coefficient h¯ is more difficult
to define. The averaged coefficient across i = (1, ...,N) spatial channels is given by:
h¯ = ∑Ni=1 hi
N
= ∑Ni=1 qneti
N (Ts − Tref) = qnetTs − Tref (4.24)
Conceptually this is equivalent to a single ‘average’ heater with output qnet. Consider the
uncertainty in h for one spatial channel (equation 4.22): the terms (T − Tref)2, (T − Tref)4
and (∆ET )2 are essentially the same for all heater channels since they use they have the
same uncertainty in temperature measurement, are all held at the same temperature T and
in general are referred to a fixed ambient temperature Tref . However, the terms ∆Eqnet and
qnet vary between heater channels. Inserting typical measured values into equation 4.22 (see
table 4.4) it is found that the second term involving ∆ET strongly dominates the calculation;
the first term could reasonably be ignored. Therefore:
∆Ehi ≈ √2 qneti(T − Tref)2 ∆ET (4.25)
Hence ∆Ehi is approximately a linear function of qneti (or hi) and, since all heaters were
calibrated against the same temperature sensor:
∆Eh¯ ≈ √2 qnet(T − Tref)2 ∆ET (4.26)∴ ∆Eh¯ ≈ Σ∆EhiN (4.27)
Static pressure
Measurement uncertainty when using the manometer was ±0.5 mm. The manometer was
kerosene filled (ρ = 810 kg/m3) and inclined at 30○. Static pressure is given by the following
equation:
p = ρghsinφ (4.28)
Therefore the uncertainty in static pressure measurements is ±2 Pa.
Mass flow
The RMS error from the linear fit of the calibration data was found to be ∆m˙RMS = 0.12 g/s,
and additionally the laminar flow meter had an uncertainty of 1%. These were combined to
estimate the uncertainty for each mass flow measurement.
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4.7.2 Random uncertainties
Random uncertainties for a particular measured quantity x were calculated during exper-
iment by taking N measurements (x1, ..., xi, ..., xN) in succession and then calculating the
running mean, standard deviation and standard deviation of the mean (SDOM) according to
the following equations, after Taylor [116]:
x = ∑xi
N
(4.29)
σx = ¿ÁÁÀ 1
N − 1 N∑i=1 (xi − x)2 (4.30)
σx = σx√
N
(4.31)
The random uncertainty in a steady state measurement is equal to twice the SDOM, ±2σx,
for a 95% confidence interval.
4.7.3 Overall uncertainty
The random and systematic uncertainties can either be presented separately or combined in
quadrature to give an overall uncertainty for a measured quantity:
xtot = √(x2rand + x2sys) (4.32)
In chapter 5 the combined uncertainties are given.
4.7.4 Random uncertainties for spatially averaged data
Given a space-averaged measured quantity x such as heat flux, the time and space mean
across i = (1, ...,N) spatial points and t = (1, ...,M) time points is:
xavg = ∑Mt=1∑Ni=1 xi,t
MN
= ∑Mt=1 x∣t
M
(4.33)
Standard deviation of x with respect to time only (not space):
σx = ¿ÁÁÀ 1
M − 1 M∑t=1 (x∣t − xavg)2 (4.34)
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4.7.5 Summary
Table 4.4 shows a range of typical uncertainties encountered using PCB1 and PCB2 at high
and low power levels respectively. Low power levels correspond to a rotor speed of 200 rpm,
and high power levels to a rotor speed of 1500 rpm for PCB1 and 2200 rpm for PCB2. The
random uncertainties and systematic uncertainties have been combined to give ∆Eh. The
random uncertainties are typically 2–10% of the magnitude of the systematic uncertainties.
Table 4.4: Typical representative uncertainties at high and low power levels
PCB1 PCB2
low power high power low power high power
V (V) 13 25 10 24.4
I (A) 0.23 0.4 0.35 0.75
Q (W) 2.97 10 3.5 18.3
∆T (K) 29 24 30 30
h (W/m2K) 11.1 43 12.7 72.4
∆EV 0.23% 0.12% 0.3% 0.12%
∆EI 1% 1% 1% 1%
∆EQ (W) 0.03 (1.1%) 0.1 (1%) 0.04 (1.1%) 0.19 (1%)
∆Eh (W/m2K) ≈0.8 (7%) ≈3.8 (9%) ≈1 (8%) ≈5.34 (8%)
Chapter 5
Results
This chapter presents all simulated and measured results. The discussion of the results
is given in the next chapter. All references to radial, tangential and axial directions and
components are given in terms of the rotor-stator system geometry shown in figure 5.1.
The majority of results presented are for the flat rotor R1, and where R1 is not explicitly
mentioned it can be assumed that the results are for this configuration. Where R2 (rotor with
protrusions) is used this is always explicitly noted. For 3D simulations when there may be
a tangential variation in the flow field, results are given at different θ values. For rotor R1,
θ = 0○ corresponds to a position where the periphery is blocked, whereas θ = 22.5○,45○,67.5○
are positions where the periphery is open and air is expelled, this is shown in figure 5.2
which is a plan view of the r-θ plane (see also figures 3.9 and 4.7). For simulations of rotor
R2, the exit was assumed fully open (i.e. no partial blockage was modelled); variations in θ
may be understood with reference to figure 3.10.
z
r
θ
ω
1 (stator)
0 (rotor)
Figure 5.1: Rotor-stator geometry with radial (r), tangential (θ), axial (z) coordinate system
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blocked section A-B
blocked
section C-D
open section B-C
(air outlet)
θ = 22.5
θ = 0
θ = 45
θ = 67.5
A
air inlet
heated area
B
C
D
Figure 5.2: Geometry showing locations of open (B-C) and blocked (A-B, C-D) sections of the
outer periphery, and locations of radial lines at various θ values, for flat rotor R1.
Where results are given at different rotor speeds these can be non-dimensionalised with the
rotational Reynolds number, defined as:
Reθ = ωR2
νamb
(5.1)
Table 5.1 gives the relationship between experimental rotor speeds and Reθ for various
speeds referred to in this chapter.
Table 5.1: Comparison between rotor speeds and Reθ
Speed (rpm) Reθ
300 1.11e5
400 1.48e5
600 2.22e5
800 2.96e5
1000 3.70e5
1200 4.45e5
1400 5.19e5
1600 5.93e5
1800 6.67e5
2200 8.15e5
2600 9.63e5
3000 1.11e6
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5.1 Computational Fluid Dynamics (CFD)
Table 5.2 gives a brief summary of the various CFD simulations presented in this section.
Table 5.2: CFD scenarios
2D simulations 3D simulations
Gap ratio G = 0.0106 and G = 0.0212 G = 0.0106 only
Outer periphery open open, partially blocked
Turbulence modelling laminar, fully turbulent laminar, transitional, fully turbulent
Rotor R1 only R1 and R2
5.1.1 Axial velocity and temperature profiles
Figure 5.3 shows a series of 2D simulated velocity profiles as well as non-dimensional tem-
perature difference at three different radial positions, for G = 0.0106. Radial (Vr) and tan-
gential (Vθ) components of velocity are shown, non-dimensionalised by dividing by local
rotor surface velocity rω.
Figure 5.4 shows the set of 2D results for G = 0.0212. Both laminar and turbulent results
using the Shear Stress Transport (SST) turbulence model are shown. In these figures, z∗ =
z/g. The rotor surface is located at z∗ = 0 and the stator surface at z∗ = 1. Non-dimensional
temperature difference is defined as:
∆T ∗(r, z) = Ts − T (r, z)
Ts − Tref (5.2)
Figure 5.5 shows the set of results for G = 0.0106 but using the 3D model, with both fully
turbulent SST modelling (labelled ‘SST’) and transitional SST modelling (labelled ‘trans’).
In the 600 rpm case (Reθ = 2.2e5) the flow remained entirely laminar. These results were
taken at θ = 45○.
Figure 5.6 shows a set of profiles for the rotor with protrusions, rotor R2 at three speeds,
at θ = 0○ which corresponds to the position directly in the centre of a protruding ‘magnet’.
The results at 1200 rpm are very similar to those at 800 rpm and 1600 rpm hence have been
omitted for clarity. The results at r/R = 0.99 are along an axial line of length 8.5 mm (at the
outside edge) whereas the other results are along a line of length 2.5 mm (underneath the
magnets). The z-coordinate has been normalised to the 8.5 mm length so that the results
along the two clearance distances can be compared.
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Figure 5.3: Non-dimensional temperature & velocity, 2D simulations, G = 0.0106. Note that:
∆T ∗(r, z) = Ts−T (r,z)
Ts−Tref
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Figure 5.4: Non-dimensional temperature & velocity, 2D simulations, G = 0.0212. Note that:
∆T ∗(r, z) = Ts−T (r,z)
Ts−Tref
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Figure 5.5: Non-dimensional temperature & velocity, 3D simulations (R1), G = 0.0106,
θ = 45○. Note that: ∆T ∗(r, z) = Ts−T (r,z)
Ts−Tref
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Figure 5.6: Non-dimensional temperature & velocity profiles, R2 simulations, θ = 0○. Note
that: ∆T ∗(r, z) = Ts−T (r,z)
Ts−Tref
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5.1.2 Streamlines
Figure 5.7 shows fluid streamlines for four 2D simulation cases for R1. The cases on the left
of the figure are with gap size G = 0.0106 and those on the right are at G = 0.0212. Two
speeds are shown for each gap size: 300 rpm (Reθ = 1.1e5) in laminar mode, and 1800 rpm(Reθ = 6.6e5) with fully turbulent SST modelling. Note that the aspect ratio in this figure
has been exaggerated in the z direction in order to fit the figures onto the page. The
rotor is on the left of each figure and the stator on the right hand side.
Figure 5.8 shows 3D fluid streamlines for rotor R2, in the rotating reference frame. The fluid
outflow in the gap between ‘magnets’ can be seen. Figure 5.9 shows 2D streamlines for R2,
again in the rotating frame, along a circumferential plane; for clarity the geometry is not
shown. This highlights the vortex in the same gap.
G = 0.0106
Re
θ
= 6.7e5 (SST)
G = 0.0106
Re
θ
= 1.1e5 (laminar)
G = 0.0212
Re
θ
= 1.1e5 (laminar)
G = 0.0212
Re
θ
= 6.7e5 (SST)
r
z
r/R
1
0.75
0.50
0.25
0
Figure 5.7: Streamlines for 2D CFD simulations at two gap sizes and speeds
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Figure 5.8: Streamlines of rotor R2 in the rotating reference frame
Figure 5.9: Streamlines (2D) of rotor R2 in the rotating reference frame, on a
circumferential plane at r/R = 0.67
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5.1.3 Radial pressure distribution
Figure 5.10 shows radial pressure distribution predicted in the 2D case for rotor R1. In the
3D case there is some tangential variation in pressure distribution due to the partial exit
blockage and this can be seen in figure 5.11, which compares results along radial lines at
two different values of θ. Pressure has been non-dimensionalised using a pressure coefficient
based on tip tangential velocity, i.e.:
Cp = p0.5ρω2R2 (5.3)
For the case of rotor R2, tangentially averaged pressure variations are shown in figure 5.12.
Pressure data along four equally spaced radial lines at θ = (0○,5.6○,11.3○,16.9○) were aver-
aged to obtain these.
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Figure 5.10: Radial pressure distributions for 2D simulations, G = 0.0106 & G = 0.0212.
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Figure 5.11: Radial pressure distributions for 3D simulations, G = 0.0106, at θ = 0○ and
θ = 45○.
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Figure 5.12: Radial pressure distributions for rotor R2, tangentially averaged
5.1.4 Transition
Table 5.3 shows the predicted radii of transition onset in the case G = 0.0106, with periphery
partially blocked except where otherwise noted. Figure 5.13 shows a typical result for the
CFD variable ‘turbulence intermittency’ which is equal to one where the flow is fully turbu-
lent and zero where it is laminar, the transition onset position can be seen in this picture.
Transition modelling for R2 was not attempted.
Table 5.3: Predicted onset of transition (‘none’ means remains laminar)
Speed (rpm) Reθ r/R
2200 8.2e5 0.69
1800 6.7e5 0.71
1400 5.2e5 0.75
1000 3.7e5 none (blocked)
1000 3.7e5 0.86 (open)
600 2.2e5 none
fully turbulent transition 
onset laminar
outlet
Figure 5.13: Transitional turbulence modelling example, flow direction right to left
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5.1.5 Wall shear stress
Figure 5.14 shows predicted radially resolved wall shear stress for R1. There is no compo-
nent of shear stress in the axial direction. Figures 5.14(a) and 5.14(b) show total shear stress∣τ ∣ as well as radial (τr) and tangential (τθ) components of shear stress, at two speeds, in the
2D case. Figure 5.14(c) shows total shear stress in the 3D case and compares transitional
turbulence modelling with fully turbulent (SST) modelling. Note that the rotor wall shear
stress (not shown in these figures) is the same shape (approximately linear) but greater than
the stator wall shear stress.
Figure 5.15 shows a contour plot of total wall shear magnitude for 1/16th of rotor R2 (this
was the size of the domain that was modelled). As in the R1 rotor case, the wall shear
stress is dominated by the tangential component (τθ) which is much larger than the radial
component (τr). The positions of the protrusions on the rotor (i.e. permanent magnets) are
shaded slightly darker.
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(a) 300 rpm (Reθ = 1.1e5), laminar 2D
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(b) 1800 rpm (Reθ = 6.7e5), SST fully turbulent, 2D
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(c) 1400 rpm (Reθ = 5.2e5), 3D
Figure 5.14: Wall shear stress, 2D and 3D predictions, G = 0.0106, tangentially averaged
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Figure 5.15: Magnitude of total wall shear ∣τ ∣ contour plot, rotor R2 at 1200 rpm
(Reθ = 4.9e5)
5.1.6 Radially resolved heat transfer
Figure 5.16 shows radially resolved heat transfer predictions for flat rotor R1 at two gap sizes
studied using CFD. Heat flux has been non-dimensionalised using the local Nusselt number,
see chapter 3.
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(a) G = 0.0106, 2D
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(b) G = 0.0212, 2D
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(c) G = 0.0106, 3D, Reθ = 8.2e5, outlet partially
blocked
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Figure 5.16: Radially resolved heat transfer, 2D and 3D predictions
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Figure 5.17 shows predictions for rotor R2, along radial lines at various speeds and values
of θ as indicated. The data are also shown in figure 5.18 where they have been tangentially
averaged.
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(a) 300 rpm (Reθ = 1.1e5) laminar
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(b) 800 rpm (Reθ = 2.9e5) SST
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(c) 1200 rpm (Reθ = 4.9e5) SST
0.65 0.7 0.75 0.8 0.85 0.9 0.95 1
0
100
200
300
400
500
600
700
800
900
1000
r/R
N
u(r
)
 
 
θ = 16.9o
θ = 5.6o
θ = 11.3o
θ = 0o
(d) 1600 rpm (Reθ = 5.8e5) SST
Figure 5.17: Radially resolved heat transfer, rotor R2
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Figure 5.18: Radially resolved heat transfer, rotor R2, tangentially averaged
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5.1.7 Heat flux surface plots
Figures 5.19 shows contour plots of surface heat flux (in the r − θ plane) across the heated
area for the R1 geometry, comparing results with and without the periphery partially blocked,
and also at two rotor speeds, with both transitional turbulence modelling and full turbulence
modelling.
Figure 5.20 shows a contour plot of stator heat flux in the heated area of rotor R2. The
positions of the protrusions on the rotor (permanent magnets) are shaded slightly darker.
(a) outlet open (b) outlet partially blocked
Figure 5.19: Surface heat flux, 3D CFD, 2200 rpm, fully turbulent (SST)
Figure 5.20: Surface heat flux, 3D CFD of rotor R2, 1600 rpm, SST
CHAPTER 5. RESULTS 126
5.1.8 Radial mean fluid temperature
Figure 5.21 shows axially averaged non-dimensional mean fluid temperature difference ver-
sus radial position, for two gap sizes, as predicted by 2D CFD simulations. This quantity
gives an indication of the local fluid temperature at a particular radial location and is de-
fined in equation 5.4 (where Tz(r) is the fluid temperature at a particular radius, averaged
in the z-direction):
∆T ∗avg(r) = Ts − Tz(r)Ts − Tref (5.4)
If ∆T ∗avg(r) = 0 then the fluid temperature equals the heated stator temperature, whereas if
∆T ∗avg(r) = 1, the fluid temperature equals the inlet (ambient) temperature.
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Figure 5.21: Predicted mean fluid temperature (2D), averaged in axial direction, versus
radial position
5.1.9 Mass flow rates and average heat transfer
Figure 5.22 shows predicted average heat transfer across the entire stator heated section
versus Reθ, using both a 2D model with SST fully turbulent modelling and a 3D model with
fully turbulent SST modelling and transition SST modelling. In this figure, ‘open’ refers to
the rotor-stator periphery being completely open, whereas ‘blocked’ refers to the situation of
the experimental rig where the periphery is partially blocked. Similarly, figure 5.23 shows
predicted mass flow rates versus Reθ under the same range of 2D and 3D modelling assump-
tions. Figure 5.24 compares 2D CFD results (both laminar and SST fully turbulent, but not
transitional) for two gap sizes.
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Figure 5.22: Predicted average heat transfer at G = 0.0106, using 2D and 3D models
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Figure 5.23: Predicted average mass flow at G = 0.0106, using 2D and 3D models
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Figure 5.24: Comparison of 2D predicted heat transfer & mass flow for G = 0.0106, 0.0212
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Figure 5.25: Rotor R2 predicted average heat transfer versus Reθ
CHAPTER 5. RESULTS 129
5.2 Experimental measurements
5.2.1 Radially resolved heat transfer
The majority of heat transfer measurements were undertaken using stator PCB2 (coated)
since this had a lower electrical resistance and therefore could achieve higher temperatures
and accuracies. Only two gap ratios G = 0.0106, 0.0212 were tested at high speeds. A limited
set of measurements (for a limited range of gap sizes and speeds) was taken with PCB1
(uncoated) and these are shown in figure 5.26.
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Figure 5.26: Radially resolved heat transfer for rotor R1 at various G and Reθ: 3.7e4 (×),
1.9e5 (◆), 2.6e5 (+), 3.3e5 (◇), 4.1e5 (∆), 4.8e5 (◻), 5.6e5 (○) obtained using
PCB1 (uncoated)
Figure 5.27 shows radially resolved heat transfer measurements obtained using PCB2 at
various gap sizes and speeds. Grid lines and error bars have been omitted for clarity. Figure
5.28 shows a smaller selection of the measurements, but including error bars. This gives
an indication of the relative uncertainty (combined systematic and random uncertainties) in
the measurements.
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(d) G = 0.0212
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(e) G = 0.0297
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Figure 5.27: Radially resolved heat transfer for rotor R1 at various G and Reθ: 7.4e4 (×),
2.2e5 (◆), 3.7e5 (+), 4.4e5 (◇), 5.2e5 (∆), 6.7e5 (◻), 8.1e5 (○), 9.3e5 (⊳), 1e6(⊲) obtained using PCB2 (coated); dashed lines are higher speed tests
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(a) G = 0.0106, with uncertainties
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Figure 5.28: Figs. 5.27(a)-5.27(f) showing uncertainty limits (95% CI) on a more limited
data set
Figure 5.29 shows heat transfer measured using R1 and PCB2 with the air inlet blocked; i.e.
all air flow is in and out of the outer periphery.
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Figure 5.29: Radially resolved heat transfer for rotor R1, with inlet blocked, at various G and
Reθ: 7.4e4 (×), 2.2e5 (◆), 3.7e5 (+), 4.4e5 (◇), 5.2e5 (∆), 5.9e5 (◻), 6.7e5(○) obtained using PCB1 (uncoated)
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Figure 5.30 shows heat transfer measured using R2 and PCB2 at two gap sizes. Speeds up
to 1600 rpm were tested.
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Figure 5.30: Radially resolved heat transfer for rotor R2, at various G and Reθ: 7.4e4 (×),
1.5e5 (◆), 2.2e5 (+), 3.0e5 (◇), 3.7e5 (∆), 5.2e5 (◻), 5.9e5 (○) obtained using
PCB1 (uncoated)
5.2.2 Average heat flux
Figure 5.31 shows the measured average stator heat transfer versus speed for various gap
sizes using PCB2. Higher speed tests were conducted at two gap sizes G = 0.0106, 0.0212 as
shown. Figure 5.32 shows a limited set of the same data with 95% CI uncertainty limits. The
uncertainties were calculated by averaging the individual (spatially resolved) uncertainties
and then dividing by
√
N , assuming they can be treated as independent random variables.
The average heat transfer results can be correlated in the turbulent regime according to:
Nuturb = AReBθ (5.5)
The constants A and B are given in table 5.4; these are valid in the range Reθ ≥ 5.19e5 for
the data shown. All values of B are similar, B = 0.673 ± 0.028. Values of A differ according
to gap size G.
Table 5.4: Average heat transfer turbulent correlations
G A B
0.0106 0.0790 0.640
0.0127 0.0888 0.633
0.0170 0.0406 0.682
0.0212 0.0315 0.691
0.0297 0.0347 0.679
0.0467 0.0234 0.712
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Figure 5.31: Average heat transfer, expressed both dimensionally and non-dimensionally
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Figure 5.32: Average heat transfer for two gap ratios, including uncertainties (95% CI)
In the laminar regime (Reθ ≤ 3e5), the correlation is expected to have the same functional
form i.e. Nulam = AReBθ . However, there are a limited number of measured data points
in this regime (only four per gap ratio) and additionally the situation is complicated by
the non-adiabatic rotor condition (discussed in section 6.2). Nonetheless the results are
approximately correlated according to table 5.5.
Figure 5.33 shows average heat transfer results for the measurements made with PCB1 (un-
coated).
Figure 5.34 shows the average heat transfer versus speed for two gap ratios using rotor R2.
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Table 5.5: Average heat transfer laminar correlations
G A B
0.0106–0.0127 14.02 0.204
0.0170 7.249 0.252
0.0212–0.0297 2.359 0.336
0.0467 0.739 0.434
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Figure 5.33: Average heat transfer for PCB1 results, at three gap ratios
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Figure 5.34: Average heat transfer with rotor R2 and PCB2, for two gap ratios
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5.2.3 Axial temperature
Figure 5.35 shows air temperature measurements made in the air gap with g = 2.5 mm
(G = 0.0106) at various axial positions, at a radial position of r/R = 0.79.
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Figure 5.35: Measured air temperature at G = 0.0106, Reθ: 1.1e5 (∆), 3.7e5 (◻), 6.7e5 (○)
5.2.4 Mass flow rates
Figure 5.36 shows the measured mass flow rates versus speed for various gap sizes for the
flat rotor R1, expressed both dimensionally and non-dimensionally. High speed results are
presented for two gap ratios. The non-dimensional mass flow rate is defined as:
Cw = m˙
µR
(5.6)
Figure 5.37 similarly shows measured mass flow rates for rotor R2, at two gap ratios.
CHAPTER 5. RESULTS 136
0 1 2 3 4 5 6 7 8 9 10
x 105
0
1
2
3
4
5
6
7
m˙
(g
/s
)
0 1 2 3 4 5 6 7 8 9 10
x 105
0
200
400
600
800
1000
1200
1400
1600
Reθ
C
w
 
 
G = 0.0106
G = 0.0127
G = 0.0170
G = 0.0212
G = 0.0297
G = 0.0467
higher speed tests
Figure 5.36: Mass flow measurements, rotor R1
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Figure 5.37: Mass flow measurements, rotor R2
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5.3 Comparison of computational and experimental results
5.3.1 Radially resolved Nusselt numbers comparison
Figures 5.38 and 5.39 compare experimental radially resolved heat transfer measurements
with CFD predictions at three different values of Reθ using rotor R1.
Figure 5.40 compares measurements with rotor R2, at two speeds.
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Figure 5.38: Radially resolved heat transfer comparison, G = 0.0106, rotor R1
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Figure 5.39: Radially resolved heat transfer comparison, G = 0.0212, rotor R1
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Figure 5.40: Radially resolved heat transfer comparison, G = 0.0106, rotor R2
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5.3.2 Averaged Nusselt numbers comparison
Figures 5.41 and 5.42 show average heat transfer versus speed for two gap ratios with rotor
R1, comparing experimental results with CFD results. Figure 5.43 shows the same compari-
son for rotor R2.
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Figure 5.41: Comparison between measured & predicted Nu, G = 0.0106, rotor R1
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Figure 5.42: Comparison between measured & predicted Nu, G = 0.0212, rotor R1
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Figure 5.43: Comparison between measured & predicted Nu, G = 0.0106, rotor R2
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5.3.3 Mass flow rates comparison
Figures 5.44 and 5.45 show mass flow rate versus speed for two gap ratios, comparing
experimental results with CFD results. (There is no mass flow rate comparison for rotor R2
since the experimental mass flow rates were used as the input boundary conditions.)
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Figure 5.44: Comparison between CFD and measured m˙ at G = 0.0106
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Figure 5.45: Comparison between CFD and measured m˙ at G = 0.0212
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5.3.4 Temperature profiles comparison
Figure 5.46 shows air temperature measurements made in the air gap with g = 2.5 mm
(G = 0.0106) at various axial positions, at a radial position of r/R = 0.79.
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Figure 5.46: Comparison between computed and measured air temperatures at G = 0.0106,
various speeds
Chapter 6
Discussion
The results presented in the preceding chapter are discussed in this chapter. Each section is
discussed in the same order as before, i.e. first the computational fluid dynamics (CFD) pre-
dictions, then the experimental results, followed by a concluding discussion of the combined
CFD and experimental results.
6.1 Computational fluid dynamics predictions
6.1.1 Rotor R1 (flat)
Various features of the velocity and temperature profiles are illustrated in figure 6.1. In
general, there is a distinct difference between the laminar and turbulent regimes, but the
non-dimensionalised fully turbulent profiles are all quite similar across different speeds.
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Figure 6.1: Velocity and temperature profiles, r/R = 0.99, G = 0.0212 showing key features
In the laminar regime for the smallest gap ratio G = 0.0106, the tangential velocity profiles
Vθ/rω versus z∗ in the gap (figures 5.3–5.5, central column) exhibit a Stewartson (Coutte)
type profile with no core rotation (i.e. tangential velocity decreasing smoothly from the rotor
surface speed at the rotor, to zero at the stator), although in the 3D simulations (figure 5.5),
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and at G = 0.0212 (figure 5.4), there is evidence of core rotation at the outer radii. In the
fully turbulent simulations in these figures, a Batchelor flow with core rotation and steady
K values of approximately 0.4 can be seen for all gap ratios and simulation types.
Regarding the radial velocity profiles Vr/rω versus z∗ (figures 5.3–5.5, left hand column),
in the laminar case an inbound flow recirculation at the stator can be observed in all con-
figurations that were simulated. In the fully turbulent case at G = 0.0106 (figure 5.3) the
recirculation is negligible, however it appears at G = 0.0212 (figure 5.4). When the recircu-
lation is not present the radial velocity profile is similar to Hagen-Poiseuille flow.
The temperature profiles ∆T ∗ versus z∗ (figures 5.3–5.5, right hand column) in general show
the fluid temperature increasing with radius as the fluid is pumped across the heated stator
region and heated up, apart from near the outer periphery. The turbulent thermal boundary
layers are much thinner than the laminar layers. The influence of ambient temperature air at
the periphery can be seen at both gap ratios, particularly in the results at r/R = 0.99 where
there is a drop in fluid temperature near the stator. This is much more prevalent at the larger
gap ratio, in both laminar and turbulent results.
The streamlines (figure 5.7) show for both gap ratios that the laminar boundary layer is
thinner than the turbulent boundary layer. In both laminar and turbulent cases, the boundary
layer decreases in thickness with increasing radius due to acceleration of the fluid in the
radial direction and conservation of mass. The flow radial recirculation at the stator side can
be seen in all cases apart from the fully turbulent case with G = 0.0106.
Turning to the radial pressure distributions (section 5.1.3, figures 5.10 and 5.11), all non-
dimensionalised results are quite similar, apart from the laminar case at gap ratio G = 0.0212
(figure 5.10(b)). It can be seen that in general the pressure profile is approximately quadratic
with radius. This may be explained by considering the radial equilibration equation [117]
for a small element of rotating fluid in radial equilibrium (pressure forces balance centrifugal
forces):
1
ρ
dp
dr
= V 2θ
r
(6.1)
If one assumes that Vθ α r, which is approximately the case here, then:
dp
dr
= kr (6.2)
Integrating this equation leads to the result that:
p = kr2
2
+C (6.3)
This is true where Vr << Vθ but does not hold near the inlet boundary, where the radial com-
ponent of velocity is larger, hence the pressure distribution graphs deviate from quadratic
for small values of r/R.
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Wall shear stress (section 5.1.5, figure 5.14) at the stator is dominated strongly by the tan-
gential component τθ, which is proportional to the velocity gradient at the wall, i.e.:
τθ = µ ∂Vθ
∂z
∣
w
(6.4)
In general, Vθ is approximately proportional to radius since local rotor speed rω is propor-
tional to radius as previously discussed. Therefore:
Vθ = f(z) r (6.5)∴ ∂Vθ
∂z
= f ′(z) r (6.6)
Hence, at the wall:
τθ = µCr (6.7)
where C = f ′(z)∣w
The linear dependence of τ with r can be seen in figure 5.14 in both the laminar and fully
turbulent simulations. However, this is not the case where transition modelling is activated
– as discussed in section 6.1.3.
The radial component of shear τr decreases with increasing radius, passing through zero
where the velocity gradient is zero and the flow changes direction in the radial sense, from
an outflow to an inflow. The exact radial position of the point where the velocity gradient
dVr/dz = 0 depends strongly on the inlet and outlet boundary conditions, gap ratio and rotor
speed. The variation in τr with θ in the 3D cases simulated is small.
Radially resolved heat transfer (section 5.1.6, figure 5.16) exhibits certain common features
for both gap sizes in the 2D and 3D cases. Firstly, Nusselt number generally increases with
increased Reθ, but at most radial locations decreases with radius (apart from figure 5.16(c))
due to the increased mean fluid temperature with radius. At the outer radii the Nusselt
number increases due to ingress of ambient temperature air; this effect is more marked for
G = 0.0212 (figure 5.16(b)). The variation in Nu with θ in the 3D cases simulated is small,
as evidenced by figure 5.19.
As has been discussed in previous chapters, strictly speaking Nusselt number Nu should be
defined independent of local fluid temperature, but in the rotor-stator geometry the periph-
eral air ingress makes this impossible, so the ambient temperature is usually used as the ref-
erence temperature. However, at the smallest gap size G = 0.0106, it is reasonable to assume
that the air ingress is minimal and therefore can be ignored. This is reflected in the fluid
temperature monotonically increasing as shown in figure 5.21. (For gap ratio G = 0.0212,
mean fluid temperature peaked and then decreased with radius due to the ingress of fluid
at the outside edge.) Ignoring the peripheral air ingress, one can define a ‘correct’ Nusselt
number: N (r) = h (r)R
Ts (r) − Tf (r) (6.8)
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where Tf is the local bulk mean fluid temperature at r. As discussed in chapter 2, many
authors (Kapinos, Owen, Roy, Poncet, Pelle, Iacovides et al.) choose to use r as the reference
length, giving an alternative definition:
Nr (r) = h (r) r
Ts (r) − Tf (r) (6.9)
The local fluid temperature Tf can be calculated using an energy balance across an infinites-
imal annular control volume of size δr, as shown in figure 6.2. At some radial location r, the
convective heat transfer into the fluid results in a temperature rise in the fluid according to
the law of conservation of energy:
2pirq(r) δr = m˙cp δT (6.10)
where q(r) is the local heat flux into the fluid, m˙ is the net mass flow rate through the control
volume, Cp the specific heat capacity. This can be re-arranged and integrated to give:
2pi∫ q(r)r dr = m˙cp∫ dT = m˙Cp (Tf(r) + Tin) (6.11)
∴ Tf(r) = 2pi
m˙Cp
∫ q(r)r dr − Tin (6.12)
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Figure 6.2: Control volume used to derive T = f(r)
The 2D results at G = 0.0106 have been recalculated based on this approach and the calcu-
lated mean fluid temperatures are shown in figure 6.3. In the laminar case the assumptions
used to derive Tf break down at r/R > 0.95 leading to a sudden apparent temperature in-
crease which is non-physical. The resultant recalculated Nusselt numbers are given in figure
6.4. It can be seen that the value of N is reasonably constant with respect to r/R showing
that the flow is fully developed.
Referring to the averaged heat transfer results for rotor R1 (figures 5.22–5.24) the assump-
tion of 2D axisymmetry has produced laminar and turbulent heat transfer results which are
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Figure 6.3: Calculated mean fluid temperature rise
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Figure 6.4: Nusselt number based on mean fluid temperature, 2D simulations at G = 0.0106
not significantly different to those predicted in the 3D case with unblocked periphery. Mass
flow rate predictions (figure 5.23) in the open 3D case are very slightly lower than 2D pre-
dictions, but this may be a result of the way the inlet boundary condition was specified. Mass
flow rate and heat transfer results in the blocked 3D case are slightly lower than 2D simula-
tions in the fully turbulent regime. Peripheral blockage has very little affect in the laminar
and transitional simulations.
Comparing the two gap sizes that were modelled, fully turbulent simulations at G = 0.0212
give lower Nu and Cw results compared with G = 0.0106 (figure 5.24). The reason seems
to be that despite the greater heat transfer at the periphery (r/R > 0.9) due lower bulk fluid
temperature, the wall shear is generally lower due to the increased gap size.
In terms of transition modelling, there is no smooth transition in Nu from laminar to turbu-
lent flow and results using transition modelling follow a very different trajectory to results
assuming fully turbulent flow with the SST model.
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6.1.2 Rotor R2 (with protrusions)
It is noteworthy that the non-dimensional velocity and temperature profiles in the gap using
rotor R2 (figure 5.6) are similar in some respects to the profiles obtained for R1:
The turbulent tangential velocity profiles Vθ/rω versus z∗ (figure 5.6, central column) exhibit
core rotation in the gap, with K increasing from 0.4 at r/R = 0.67 to 0.7 at r/R = 0.84 to≈ 1 at the outer edge. As in figure 5.5, the laminar and turbulent tangential profiles are
quite different, with the laminar profile showing no core rotation but the turbulent profiles
showing some core rotation.
However, the radial velocity profiles Vr/rω versus z∗ (figure 5.6, left hand column) show a
strong radial inflow along the line where the samples were taken (θ = 0○). This is because
the main route for radial outflow of fluid is in the slot between protrusions and only a small
amount of fluid flows out near the rotor underneath the protrusions (i.e. at θ = 0○).
The temperature profiles ∆T ∗ versus z∗ (figure 5.6, right hand column) are different to
those seen in the case of rotor R1, demonstrating the much greater influence of ambient
temperature air at the periphery in this case.
The streamlines, figures 5.8 and 5.9, show that fluid is entrained into the channel between
magnets/ protrusions and flung outwards, like a crude radial fan. In fact, examining the
vectors shown in figure 6.5, it can be seen most of the net radial outflow is in the intra-
magnet slot, near the rotor (z∗ = 0), whereas near the stator (z∗ = 1), there is a net radial
inflow. The sharp leading edges on the protrusions cause a flow separation at the slot entry,
leading to increased aerodynamic loss. A rounded entry profile would mitigate this.
(a) Vectors in plane at z∗ = 0.18 (b) Vectors in plane at z∗ = 0.94
Figure 6.5: Rotor R2 velocity vectors, rotating reference frame, 1600 rpm case (SST)
The pressure profile for rotor R2 (figure 5.12) is different to that for R1 due to the significant
change in flow direction in the gap. This means that most of the pressure change occurs in
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the radial slot between the protrusions. The fluid is not in radial equilibrium as per R1 and
therefore the pressure profile with radius is no longer quadratic.
The stator wall shear stress (figure 5.15) is relatively small in the region between r/R = 0
and the start of the rotor protrusions; it then increases greatly beneath the protrusions. It is
significantly larger than the wall shear stress seen at similar speed with rotor R1, as shown
in figure 6.6. There is little tangential variation. As in rotor R1, the wall shear is dominated
by the tangential component τθ, but unlike the R1 case, this is not a linear function of r.
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Figure 6.6: Comparison between magnitude of wall shear stress, ∣τ ∣ for rotors R1 and R2
(tangentially averaged results)
Radially resolved heat transfer R2 results (figures 5.17 and 5.18) show an expected general
increase with rotor speed. There is negligible variation with θ when r/R < 0.8, with a small
variation at larger radii (see figure 5.20). The Nusselt number as a function of radius shows
an increase from the start of the protrusions to the outside edge, reflecting the substantial
ingress of air at the stator, as shown in figure 6.5(b). In fact the whole system may be
imagined as a kind of fan which pulls fluid radially inwards over the stator whilst at the same
time continuously entraining the resultant heated air into the radial channel and expelling it
at the outside edge near the rotor. This allows greater heat transfer at the same rotor speed
than is possible for rotor R1. Given the complexity of this flowpath it is not possible in this
geometry to define a bulk mean fluid temperature and therefore derive N or Nr for R2.
Comparing average stator heat transfer and mass flow of rotors R1 vs. R2, it can be seen
from figure 6.7 that R2 is predicted to have around 50% greater average heat transfer than
R1 at a comparable rotor speed. This is due to both increased pumped mass flow rate and
increased stator wall shear stress. (Simulations with R2 were only conducted to a maximum
speed of Reθ = 5.9e5 since this was the maximum speed achievable experimentally using this
rotor before the upper limit of measurable mass flow rate was reached.)
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Figure 6.7: Comparison of CFD heat transfer and mass flow rate for rotors R1 vs. R2
6.1.3 Transition modelling
In a rotor-stator system, local rotor surface speed is proportional to r and therefore Vθ is also
approximately proportional to r. This being the case, it is very likely that fluid flow entering
near the axis of rotation may be laminar and may then transition to turbulent flow at some
radius as Vθ increases, depending on rotor speed. Understanding and modelling transition
therefore is important in a CFD simulation of a rotor-stator system.
The experimental results for Nu (figure 5.31) show that there is a transition region for
rotor R1 at the stator when 3e5 ≤ Reθ ≤ 5.5e5. This was not predicted correctly using CFD.
Transition modelling using the γ-θ model with default settings produced CFD simulation
results for wall shear and heat transfer which were quite different to those predicted in
laminar and fully turbulent flow simulations, as shown in figures 5.14(c) and 5.16(d). It
seems transition is predicted to occur over a significant radial distance and that the flow is
only fully turbulent at r/R ≈ 0.93.
Transition modelling is further discussed in section 6.3, where it is shown that imposing the
correct (i.e. experimentally determined) inlet mass flow may improve the situation, but this
was inconclusive. No attempt was made to adjust the default values of the γ-θ model to im-
prove the modelling; this is an interesting avenue for future computational and experimental
research.
6.1.4 Grid independence
Grid independence tests for R1 were undertaken at Reθ = 9.6e5 using the SST turbulence
model to investigate the effect of grid size on Nu(r). The results are shown in figure 6.8
where it can be seen that grid independence at both gap sizes was achieved. A grid indepen-
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dence test on the 3D model was not undertaken, but it can be seen that the results are very
similar to the 2D results.
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Figure 6.8: Comparison of heat transfer results at Reθ = 9.6e5 using different mesh sizes
6.2 Experimental measurements
The experimental measurements are presented in section 5.2 of the results chapter.
It can be observed (figures 5.26–5.30) that in general heat transfer always increases with
increased rotational speed and also towards the outer periphery of the system (r/R > 0.8)
in comparison to the inner radii. In the case of rotor R1 (figure 5.27), average heat transfer
decreases with increased gap size, although there is a small increase from G = 0.0106 to
G = 0.0127 due to the slightly greater ingress of ambient temperature air at the periphery.
Transition from laminar to turbulent flow is observed at Reθ > 3e5, but this is only pro-
nounced at gap ratios G < 0.02 as shown in figures 5.31 and 6.9. In the laminar flow regime,
it may be observed in these figures that the heat transfer is increased at smaller gap sizes
(G < 0.02). A likely reason is that the aluminium alloy (non-adiabatic) rotor is absorbing a
sufficient amount of heat at low rotor speeds to cause an increase in the stator heat transfer
at small gap ratios.
In the case of rotor R2, in the limited range of gap ratios tested, the gap ratio seems to have
much less effect on the heat transfer than for R1 (figure 5.30). An increased gap ratio causes
slightly greater heat transfer due to greater peripheral air ingress and mixing at the outer
edge as can be seen comparing sub-figures (a) and (b). Additionally, the clear regime change
from laminar to turbulent flow at Reθ > 3e5 that occurs with R1 cannot be seen for R2 in
figure 5.34. It is suggested that for R2, transition probably occurs at a much lower rotational
speed.
Comparing average heat transfer measured with R1 vs. R2, figure 6.9 shows that at a com-
parable speed, average heat transfer using R2 is about 20–30% higher than that measured
with R1. This result is similar to the CFD comparison but slightly less marked.
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6.2.1 Peripheral air ingress
Referring to the local radially resolved heat transfer results (section 5.2.1), a number of
interesting features of the fluid flow in general can be observed. For rotor R1, at the smallest
gap size G = 0.0106 that was measured (figures 5.26 and 5.27), a local increase in Nusselt
numbers is observed at the outer radii. For example at r/R > 0.9 and Reθ ≈ 2.5e5, Nu
increases from approximately 100 to more than 200. As Reθ is further increased, this effect
becomes more pronounced and moves further inward along the stator. The increased Nusselt
numbers at outer radii are caused primarily by ingress of cold (ambient temperature) fluid at
the stator, which is an important feature of stator heat transfer in the rotor-stator system at
the radii of interest in disc type electrical machines. The drop in bulk mean fluid temperature
caused by the inflow increases the stator convective heat transfer rate. This increases the
local values of Nu since the ambient air temperature was used as the reference temperature
in defining Nu. As the gap ratio G is increased, the ingress of cold fluid at the outer edge
becomes more pronounced.
Owen et al. [66] note that the peripheral inflow increases with increasing G and Reθ, af-
fecting the stator surface conditions far more than the rotor surface conditions. The effect
can be seen in the PIV results presented by Boutarfa et al. [79]. The reason for the inflow
is that in the rotor-stator system the rotor boundary layer becomes thinner with increasing
radius. As r increases, the air near the rotor is accelerated but also must pass through an
increasingly large cross sectional area A = 2pirδ where δ is the rotor boundary layer thickness
in the axial direction. Since the fluid density does not change significantly, δ must decrease
as r increases according to conservation of mass. The tendency is for air near the stator
to begin moving radially inwards where the rotor boundary layer is thinnest (at the outer
periphery), causing an inbound secondary flow along the stator which feeds additional fluid
into the rotor boundary layer. The penetration distance of this inbound flow depends on G
and Reθ and it is present to some extent even at the smallest values of G, as can be seen. In
turbomachinery, hot gases are present at the disc periphery and such an air ingress is there-
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fore to be avoided, by two means: the fitting of a shroud to the rotor or stator, and by forced
pumping of coolant into the gap to thicken the rotor boundary layer at the periphery. In
electrical machines however, the ingress may be advantageous in improving stator cooling.
This ingress of air is common to both rotors R1 and R2 because, in spite of the different rotor
surfaces, the inlet and outlet areas are similar and therefore the recirculation at the stator
may be observed in both cases.
6.2.2 Transition
In the case of rotor R1, the second flow feature that can be observed is the onset of transition
from laminar to turbulent flow as already mentioned (figure 5.31). The heat transfer remains
approximately steady in the laminar regime at Nu(r) ≈ 100 for Reθ < 3.3e5 at r/R < 0.9, but
the values of Nu at r/R < 0.85 increase markedly for Reθ > 3.3e5, from approximately 150
to more than 400. Transition is less marked at the larger gap ratios but nonetheless begins
also at Reθ ≈ 3e5.
A comparison with the free disc is informative: It is recognised [6, section 4.2] that transition
on a free rotor typically begins to occur at Reθ ≈ 2e5 and the flow is completely turbulent by
Reθ ≈ 3e5.
A small decrease in local Nusselt numbers between 0.65 < r/R < 0.9 is seen at the higher
Reynolds numbers and gap ratios G ≤ 0.0212 (figure 5.27). This is caused by local bulk fluid
temperature increasing with radius due to the stator heating and is another consequence
of using ambient air temperature rather than local bulk fluid temperature as the reference
temperature in the definition of the Nusselt number. The effect is removed in figure 6.10.
6.2.3 Rotor R1, G = 0.0106 results recalculated to give N (r) and Nr(r)
In section 6.1.1 the CFD results at the smallest gap ratio were recalculated to give the ‘correct’
Nusselt number using the local bulk mean fluid temperature as the reference temperature,
assuming there is no fluid ingress. The local fluid temperature is calculated by an energy
balance as described previously, using the experimentally measured mass flow rate. The
experimental results using rotor R1 at the smallest gap ratio can also be processed in this
way and the results are shown in figure 6.10. Only eight heater channels are shown since
the values at the outer radii become artificially very large due to the recirculation caused by
the partial blockage of the periphery. The impact of this can be seen at about r/R > 0.8.
These figures demonstrate that the results at Reθ = 2.2e5 and 3.7e5 are identical, perhaps
indicating the flow being in a similar (laminar) regime. Transition can then be seen between
3.7e5 and 4.9e5 and this appears at the outer radii and moves inwards with increased rotor
speed. The boundary effect at r/R > 0.8 causes a breakdown of the assumption of no fluid
inflow at leads to misleading values of N .
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Figure 6.10: Radially resolved heat transfer for rotor R1 at G = 0.0106 and Reθ: 2.2e5 (×),
3.7e5 (∆), 4.9e5 (◇), 5.2e5 (◻), 6.7e5 (○), 8.2e5 (+) with PCB2 (coated)
6.2.4 Smoothness of data
The experimental measurements shown in figures 5.27, 5.29 and 5.30 exhibit a consistent
local dip in heat transfer at the third heater channel (r/R ≈ 0.7). A less marked and less
consistent dip is seen at channel eleven. This was exhaustively investigated and problems
with the instrumentation, software and data processing were ruled out.
This is entirely speculative, but the dip may be caused by a fluid feature such as transition
or relaminarisation. This seems unlikely at channel 3 given the consistency across different
gap sizes, rotors and boundary conditions, but may explain channel 11 which is very near
the boundary. Alternatively, and also speculatively, there may be some local temperature
disturbances on the stator surface which cause disturbances to the heat transfer which are
not apparent in the average temperature measurements for each channel.
The results of PCB1 (figure 5.26) appear to be spatially smoother, perhaps due to the rougher
surface finish promoting better mixing and therefore smoothing out consistent radial and
tangential disturbances.
Further investigation of this is outside the scope of the current research. This effect does
not have a large impact on the averaged heat transfer results since it only represents a small
difference in two of twelve channels.
6.2.5 Comparison of average heat transfer
The average stator heat transfer results for R1 using both PCB1 and PCB2 are compared in
figure 6.11 to the rotor heat transfer correlations of others. It can be seen that in the laminar
regime, stator average Nusselt numbers are very similar to the laminar flow average Nusselt
numbers for an isothermal free rotor given by Dorfman [59] (valid for Reθ < 1.8e5).
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Figure 6.11: Comparison of Nu vs. Reθ with PCB1 (uncoated), PCB2 (coated), other authors.
PCB1 (dashed): G = 0.0106 (◻), G = 0.0212 (○), G = 0.0297 (∆); PCB2 (solid): G = 0.0106 (∎),
G = 0.0212 (●), G = 0.0297 (▲), G = 0.0297 (+); laminar free disc, eqn. 6.13 (grey ●) [59] and
turbulent free disc, eqn. 6.14 (grey ×) [66] ; and single stator result of Owen et al. (☆) [66].
The correlation of Dorfman is shown in figure 6.11 and given by equation 6.13:
Nulam = 0.35Re0.5θ (6.13)
Cobb and Saunders [57] give a similar correlation for laminar heat transfer from an isother-
mal free rotor: Nulam = 0.36Re0.5θ , and Owen and Rogers [36] derive the correlationNulam =
0.33Re0.5θ by numerical solution of the energy equation in the laminar free rotor case. They
also show that Nr is a function of r/R and Re0.5θ (although NR is not a function of r/R).
Another comparison can be made with heat transfer in fully developed laminar Hagen-
Poiseuille flow (pipe flow), a common type of internal flow. This is given by the simple
constant relationship NuD = hD/k = 3.66 in the case of an isothermal wall [114]. In this
equation D is the pipe diameter. However, as shown above, for the more complex free rotor
geometry, Nulam is not a constant but rather is a function of Re0.5θ .
A correlation for turbulent regime average Nusselt numbers (valid for Reθ > 2.8e5) for an
isothermal free rotor is given by Owen, Haynes and Bayley [66], equation 6.14:
Nuturb = 0.0151Re0.8θ (6.14)
This correlation is also shown in figure 6.11 and it can be seen that the measured stator heat
transfer is considerably less than the free disc turbulent rotor heat transfer at the equivalent
value of Reθ.
Boutarfa and Harmand [79] present experimentally measured correlations for rotor heat
transfer in an open rotor-stator system with varying gap ratio, with no additional superposed
air flow. Their correlations are presented in table 6.1. As can be seen at G = 0.01, the
rotor heat transfer is higher in the rotor-stator system compared with the free rotor, in both
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laminar and turbulent regimes. At intermediate gap sizes 0.02 ≤ G ≤ 0.06 the authors found
that the rotor heat transfer drops to a minimum at G ≈ 0.02 which is lower than the free
rotor value, then increases to the free rotor value at G > 0.06.
Table 6.1: Rotor heat transfer correlations, Boutarfa and Harmand [79]
Gap ratio G Regime Correlation
0.01 laminar Nu = 7.46Re0.32θ
0.02–0.06 laminar Nu = 0.5 (1 + 5.47 × 10−4e112G)Re0.5θ
0.01 turbulent Nu = 0.044Re0.75θ
0.02–0.06 turbulent Nu = 0.033 (12.57e−33.18G)Re0.6+25G12/7θ
In the laminar regime, heat transfer results with PCB1 and PCB2 are quite similar to one
another and to the laminar free rotor results, apart from the effect of the non-adiabatic rotor
boundary condition which has already been described.
Transition on PCB1 appears to occur at a slightly lower value of Reθ compared with PCB2 as
might be expected due to the increased surface roughness. In general, PCB1 and PCB2 results
at G = 0.0106,0.0297 are similar. However, results at G = 0.0212 are quite different with
PCB1 heat transfer following a path similar to PCB2 at G = 0.0106. This may indicate that
the rougher stator surface increases heat transfer up to G ≈ 0.02 although this is somewhat
inconclusive.
Finally, the average stator heat transfer result of Owen et al. [66] for G = 0.04, Reθ = 4.8e5 is
also shown in figure 6.11. It can be seen that this is lower than the average result recorded
here for the equivalent Reθ at G = 0.0297. The reason suggested for the discrepancy is
firstly that the results of Owen et al. are averaged across the complete stator surface, rather
than the outer annulus 0.6 ≤ r/R ≤ 1, and secondly that the air through-flow in Owen’s
measurements was zero, i.e. all inlet air was drawn at the stator periphery.
6.2.6 Comparison of radially resolved data
To verify the measurement method, a comparison can be made between the local Nusselt
number results presented and the results of Bunker et al. [67] and Yuan et al. [78]. Bunker
et al. give locally measured Nusselt numbers for G = 0.05 for various Reθ and r/R < 0.9 using
a technique reported to have a measurement uncertainty of ±10%. Yuan et al. give results
also at G = 0.05 and r/R < 0.85 for a rotor-stator system with no central admission of air
at the stator. These are shown in figures 6.12 and 6.13 for comparison, with data from the
current research superimposed.
The first thing to note is that the results of the two sets of authors are quite different to
one another, perhaps reflecting the different configurations (jet at stator centre versus no air
admission at stator centre). Secondly, the results of Bunker et al. are significantly different to
those measured here; it is suggested this difference is due to Bunker’s jet at the stator centre
giving increased through-flow. Finally, in comparison with Yuan et al., the local results are
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Figure 6.13: G=0.0467 at Reθ=1.5e5 (○),
2.2e5 (◻), 3e5 (◇), 3.7e5 (∆), vs. Yuan
et al. [78] at G = 0.05 and Reθ=1.4e5 (●),
2.1e5 (∎), 2.9e5 (◆), 3.3e5 (▲)
reasonably similar although the lack of central air admission in Yuan’s experiment means
that all rotor pumped airflow must result from inflowing cold air at the stator, whereas in
the present research the rotor pumped airflow is a combination of centrally admitted air,
and air ingested at the stator. This would be expected to exhibit slightly increased Nusselt
numbers as shown.
6.2.7 Mass flow rates
Figures 5.36 and 5.37 give measured air mass flow for rotors R1 and R2 respectively. It may
be noticed that in the case of flat rotor R1, at Reθ < 3e5 the results at all gap ratios are
almost identical, with some scatter below Reθ ≈ 1.5e5 which is caused by the inability of the
bellmouth to measure flow accurately at very low flow rates. At Reθ > 3e5 the various gap
ratios exhibit small differences in mass flow albeit with identical gradients of dm˙/dReθ. The
difference between the turbulent and laminar regimes can be noticed in these results, with
transition occurring at Reθ > 3e5 as it does in the heat transfer.
The gradient dm˙/dReθ appears linear in both the laminar and turbulent zones. This reflects
the fact that mass flow rate is proportional to through-flow speed, m˙ = ρAVr. Since through
flow speed is approximately proportional to tangential rotor speed at a given radius (see
figs. 5.3, 5.4), mass flow rate is proportional to rotor speed, i.e. rotational Reynolds number.
There is a slight but noticeable increase in gradient dm˙/dReθ between laminar and turbulent
regimes, showing either that the average value of Vr as a function of ω has increased, or that
the turbulent rotor boundary layer is thicker than the laminar one, or both.
Rotor R2 (figure 5.37) pumps identical mass flow at the two gap ratios tested but exhibits
the same scatter as R1 at low mass flow rates, due to the measurement method.
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6.2.8 Comparison with actual AFPM machines
Spooner et al. and Bumby et al. [20, 23] report approximate measurements of average con-
vective heat transfer coefficient for an entire AFPM machine during a thermal steady state
test (when the machine is allowed to reach a steady state temperature under full load), these
values are given in table 6.2.
Table 6.2: Comparison with measured values of h
Test conditions Measured Nusselt Reference
h (W /m2K) number
φ ≈ 0.3m 150 975 Spooner and
ω = 3000 rpm Chalmers 1992
Reθ = 5.6e5 [20]
φ ≈ 0.5m 60 591 Bumby and
ω = 500 rpm Martin 2005
Reθ = 2.1e5 [23]
As can be seen the values for Nu reported are significantly higher than those shown in
figure 6.9 for both R1 and R2, for the equivalent rotational Reynolds number. Two key
reasons are suggested for the discrepancy. Firstly, in the papers cited, the machines had
rotors which were not flat, and included protruding permanent magnets, in a similar way to
rotor R2. However, the pumped mass flow rate was higher due to a larger inlet area than
that of the present work. Secondly, the value of h may have been calculated for the entire
machine based on the measured temperatures. It is conceivable that there may be significant
conduction heat loss from the stator to the machine casing/support and this is lumped in to
some extent with the convective heat loss from the stator surface.
6.3 Comparison of computational and experimental results
In the preceding sections, the CFD and experimental results have been discussed separately,
each on their own terms. CFD was used to predict both pumped mass flow rates and stator
heat transfer in the case of R1. (In the case of R2, the experimentally measured mass flow
rates were used as the inlet boundary condition in the CFD simulations, therefore only the
heat transfer results are compared.) In this section, the experimental and CFD results are
compared directly with each other and the assumptions regarding boundary conditions and
turbulence models are revisited.
6.3.1 Mass flow rate, R1
Turning first to the comparison between predicted and measured mass flow rates for R1
(figures 5.44 and 5.45), it can be seen that although the laminar flow predictions are close
to the experimental measurements, the fully turbulent simulations using the SST model over
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predict the mass flow compared with experimental measurements; this is the case for both
2D and 3D models at both gap sizes which were simulated. The over-prediction is 20-40%.
Use of a 3D simulation model with periphery partially blocked decreases the discrepancy,
but does not entirely resolve it.
The most plausible explanation for this discrepancy is that the total pressure loss from ambi-
ent conditions through the bellmouth and entry into the rotor-stator gap in the experimen-
tal rig is higher than that predicted using CFD. This therefore reduces the mass flow rate
through the system. A comparison between experimentally measured static pressures and
CFD predicted pressures shows that this is the case (see 6.14).
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Figure 6.14: Comparison between CFD and measured static pressures, G = 0.0106
6.3.2 Heat transfer, R1
In the laminar regime (Reθ < 3e5) the CFD and experimental mass flow rates match well at
both gap sizes simulated (figures 5.44 and 5.45) and therefore the heat transfer comparisons
given in the preceding chapter (see figures 5.38(a) and 5.39(a) showing experiment versus
CFD at Reθ = 2.2e5 for each gap size respectively) can be compared directly. It can be seen
that at gap ratio G = 0.0212, figure 5.39(a), the correspondence between radially resolved
heat transfer in experiment and CFD is good apart from some deviation between 0.85 <
r/R < 1. This deviation is an edge effect which can also be seen at G = 0.0106; this becomes
more pronounced at higher speeds as will be discussed shortly. At gap ratio G = 0.0106
(figure 5.38(a)) the correspondence between CFD and experiment is less good and it appears
that most of the experimental heat transfer results are higher than the CFD predictions by
approximately 50%. The likely suggested cause of this is that the CFD boundary condition
assumption of an adiabatic rotor becomes invalid at low rotational speeds and small gap
sizes and significant heat transfer into the rotor results in higher experimentally measured
heat transfer at these conditions.
In the turbulent regime, as discussed in the preceding section, there is a discrepancy between
measured and predicted mass flow rates. This presents a difficulty in making comparisons
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between predicted and measured heat transfer because the basis for comparison is not like-
for-like. Heat transfer depends on mass flow rate and this may lead to the undesirable
situation where wrong conclusions are drawn because discrepancies in mass flow cancel out
discrepancies in heat transfer.
In order to resolve this, a number of fully turbulent CFD simulations were re-run using the
experimentally measured mass flow rates as inlet boundary conditions so that heat transfer
could be compared and discussed in a like-for-like manner. This also provided an opportunity
to compare turbulence models and other CFD modelling assumptions. Figure 6.15 shows av-
erage measured heat transfer compared with CFD predicted results using the experimentally
measured mass flow rates to specify the inlet mass flow in the case of gap ratio G = 0.0106
(rather than allowing mass flow rate to be predicted by CFD). It is clear that at this gap ratio,
the discrepancy between measured and predicted average heat transfer increases when the
correct mass flow rates are specified in the CFD simulations.
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Figure 6.15: G = 0.0106 comparison CFD and experiment
Figure 6.16 shows a similar comparison but for gap ratio G = 0.0212. In this case, the
discrepancy between predicted and measured heat transfer is only marginally changed by
specifying the correct inlet mass flow rate.
To investigate this further, a comparison between radially resolved results in the turbulent
regime must be undertaken. Figure 6.17 shows a comparison of the predictions atG = 0.0106
and Reθ = 9.6e5 with the experimentally determined inlet mass flow, using the baseline
Reynolds stress model (BSLRSM), SST model with and without curvature correction (SST
curv. corr.) and k- model, in both 2D and 3D (blocked periphery) cases. As can be seen, the
variation in turbulence model does not have a significant influence on the radially resolved
heat transfer predictions. In the region 0.6 < r/R < 0.85 the match between CFD and ex-
periment is quite close and there is no turbulence model which clearly gives a better match
than the others. In the region 0.85 < r/R < 1 all results deviate substantially from the ex-
perimental measurements and this is the cause of the deviation seen in the average results.
It is generally accepted that modelling of edge effects is difficult; this deviation is probably
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Figure 6.16: G = 0.0212 comparison CFD and experiment
caused by the differences in geometry at the boundary in the CFD model compared with the
experimental rig.
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Figure 6.17: G = 0.0106 comparison CFD & experiment at Reθ = 9.6e5, various turbulence
models, using experimentally measured inlet mass flow
The radially resolved comparison results for G = 0.0212 at this speed, shown in figure 6.18,
show a closer correspondence to experiment than the smaller gap ratio particularly in the
region 0.85 < r/R < 1. They also illustrate that there is no significant difference between
the SST turbulence model and the more complex BSL Reynolds stress second order moment
closer model (BSLRSM) for this gap ratio in the region of interest.
Figure 6.19 compares CFD and experiment at both gap sizes but at the lower speed of Reθ =
5.9e5 (1400 rpm) which may be in the transitional regime. The correspondence between
CFD and experiment in this regime is not as good as in the fully turbulent regime as might
be expected from the transitional nature of the flow. Transition modelling (labelled ‘SST
trans’) does not conclusively provide a better fit.
CHAPTER 6. DISCUSSION 161
0.6 0.65 0.7 0.75 0.8 0.85 0.9 0.95 1
0
100
200
300
400
500
600
700
800
900
1000
Radial position (r/R)
N
u(r
)
 
 
Experiment
2D−SST
2D−BSLRSM
Figure 6.18: G = 0.0212 comparison CFD & experiment at Reθ = 9.6e5, various turbulence
models, using experimentally measured inlet mass flow
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Figure 6.19: Radially resolved heat transfer comparison (R1), using correct m˙, Reθ = 5.9e5
Figure 6.20 shows the actual geometry of the experimental rig, focusing on the edge where
there are some differences with the geometry modelled in CFD. The modelled fluid domain
extends only to the edge of the rotor, whereas in the experimental rig there is a clearance
gap at the edge of the rotor where there might be leakage flow of cooler air from behind
the rotor. There is also an open space beneath the rotor cover that was not modelled in
CFD. This open space increases the surface area available for heat transfer in the blocked
region of the periphery, whereas in CFD the blocked walls at the periphery were modelled
as non-adiabatic. These two effects combined may be sufficient to explain the elevated heat
transfer results that were measured toward the outside edge.
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6.3.3 Variation in fluid properties
At the experimental temperatures of interest (approximately 20○C < T < 70○C), according
to Sutherland’s formula [86, pp. 28-30], the thermal conductivity and viscosity of air vary
slightly as a function of temperature as shown in table 6.3. The variation of thermal conduc-
tivity is about 3% and the variation of viscosity is about 10%. The variation of specific heat
capacity cp with temperature is very small, less than 0.5% and therefore this was ignored.
Table 6.3: Variation in properties of air with temperature
Temperature ○C k (W/mK) ν (Ns/m2) cp (J/kgK)
20 0.0585 0.181e-4 1005
70 0.0597 0.200e-4 1009
An additional CFD simulation was run allowing for this variation, using the 3D blocked
geometry with SST turbulence model, shown alongside the results with constant µ, k using
the SST and BSLRSM turbulence models for gap ratio G = 0.0106 and speed Reθ = 9.6e5.
The comparison is shown in figure 6.21. It can be seen that the variations in µ and k have
almost negligible effect on the radially resolved heat transfer, and the choice of turbulence
model has a larger effect on heat transfer than the variation in fluid properties.
6.3.4 Heat transfer, R2
Figure 5.40 shows the comparison of simulated and measured radially resolved heat transfer
for rotor R2. As can be seen the experimental and CFD results are significantly different at
all radial locations. The most likely cause is that the assumption of an open periphery in
the case of R2 is completely invalid; in the experimental rig the fluid in fact pulses through
the radial slots in R2 as the rotor moves past consecutive open and closed sections of the
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Figure 6.21: G = 0.0106 comparison CFD & experiment at Reθ = 9.6e5, (µ, k) = f(T ), using
experimentally measured inlet mass flow
periphery. This could be heard during testing as an audible hum at sixteen times the rotor
frequency (since there are sixteen slots). In order to resolve this more accurately in CFD,
a transient simulation with a moving mesh would be required, since there is interference
between the slots in R2 and the open and blocked areas of the periphery in much the same
way as the nozzle guide vanes and rotor blades interact in a turbine. This was outside the
scope of the present work but is a worthwhile area of future work.
6.3.5 Axial temperature
Finally, regarding the comparison of experimental and simulated fluid temperatures (figure
5.46), it can be seen that the measured non-dimensional temperature difference at the stator
surface (z∗ = 1) is not equal to zero, in other words the measured fluid temperature is not
equal to the stator surface temperature at the stator surface. This is caused by conduction
down the measurement thermocouple and disruption of the airflow by the thermocouple; it
is almost impossible to measure accurately the fluid temperature very close to the surface
even with the thin thermocouples that were used. Unfortunately despite repeated attempts,
this problem could not be resolved.
Chapter 7
Conclusions and further work
This chapter first evaluates the research against the original objectives, which were given
in section 1.3. A summary of each area of work is given, with conclusions. Following this,
recommendations of areas of potential further research are discussed.
7.1 Conclusions
7.1.1 Objective 1: Measurement of stator heat transfer
This work has presented a novel method of measuring surface convective heat transfer in
a partially enclosed rotor-stator system using thin film electrical heaters constructed on a
printed circuit board. Heat flux was measured directly by measuring electrical power into
each heater. Stator temperature was also measured directly by measuring the change in
resistance with temperature of the copper tracks forming each heater. The method provides
radially resolved measurements of heat transfer from an isothermal surface.
It was shown that stator heat transfer is always lower than rotor heat transfer and
therefore use of rotor heat transfer results to predict stator heat transfer is inaccurate and
will tend to overpredict heat transfer which is undesirable in design.
The accuracy of the measurements was considered good, but it could be further improved
by recalibrating the heater PCBs using a more accurate calibrated temperature measurement
transducer (with signal conditioning), such as a platinum resistance thermometer (PRT).
7.1.2 Objective 2: Comparison of measurements with numerical predictions
Computational fluid dynamics (CFD) was used to simulate air flow and heat transfer in a
rotor-stator system, proving to be a very useful tool in this regard. It was found that partic-
ular attention must be given to the boundary conditions. If the mass flow rate is unknown
as well as the heat transfer, then there is a chance that both may be incorrectly predicted
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by CFD. In order to avoid this, the inlet conditions should be modelled as accurately as
possible so that mass flow rate is predicted accurately.
A particular challenge for CFD in this system is capturing edge effects (near r/R = 1) –
this requires an accurate representation of the geometry at the periphery, which may not be
straightforward. However, in the flat rotor case it has been shown that if the mass flow rate
is correctly specified, CFD gives a conservative estimate of heat transfer at the edge, and
is therefore useful to machine designers.
In the range of parameters explored, it was concluded that air can be modelled as an ideal
gas with constant µ, cp and k, with no effect on stator heat transfer. Choice of turbulence
model also seems less important than accurate representation of geometry, but this deserves
further investigation and may not be the case for non-flat rotors.
Transition from laminar to turbulent flow was shown to be important due to the nature of
the geometry; this also requires further investigation. For a non-flat rotor with partially
enclosed periphery, it is likely that accurate heat transfer predictions can only be made by
using transient, moving mesh simulations.
7.1.3 Objective 3: Parameters affecting stator heat transfer
It is concluded that stator heat transfer is sensitive to rotor size and speed (expressed as
non-dimensional rotational Reynolds number), and to gap ratio. It was also shown that
for a flat rotor, there are clear laminar and turbulent flow regimes, the latter giving greater
stator heat transfer than the former, although this is only pronounced at small gap ratios.
For a non-flat rotor, stator heat transfer is increased compared with a flat rotor at the same
speed. At the outside edge of the stator, for all rotor types, heat transfer is increased due
to ingress of ambient temperature air, which results in a higher temperature difference
between the stator surface and the air.
Careful attention must be paid to reference temperature used in the definition of the con-
vective heat transfer coefficient, h, and also to the characteristic length used to define the
Nusselt number Nu. Although most authors tend to use ambient temperature as the refer-
ence temperature, strictly speaking it should refer to the local bulk fluid mean temperature.
7.1.4 Objective 4: Power density
Based on the research in this thesis, some investigation can be undertaken regarding the
scaling of output power with respect to size in a thermally limited AFPM machine. A typi-
cal AFPM machine stator includes copper coils which are electrically insulated using a thin
enamel layer. The coils may also be thermally insulated from the cooling airflow by a thin
layer of epoxy or plastic, if the stator is mounted on plastic or potted in epoxy. A very simple
1D thermal model can be constructed assuming a stator construction comprising copper with
a thin layer of plastic between the copper and the cooling convective airflow; this is shown
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in figure 7.1. Heat is generated internally in the copper, it then flows to the stator surface
through the plastic layer. At the surface it is removed by convection.
copper plastic air
convection
LA
LB
temperature 
profile
adiabatic
T0
T1
T2
T∞
Figure 7.1: Simple 1D thermal model of air-cooled AFPM machine stator
By solving this model it can be shown that:
∆T = T0 − T∞ = q˙LA [ LA2kA + LBkB + 1h] (7.1)
where q˙ is the specific internal heat generation in the copper (W/m3), LA is the axial thick-
ness of the copper, LB is the axial thickness of the plastic, kA and kB are the thermal con-
ductivities of copper and plastic respectively and h is the convective heat transfer coefficient
at the surface.
The internal heat generation is related to the current density J (A/m2) according to q˙ = ρJ2.
Therefore:
J = ⎡⎢⎢⎢⎢⎢⎣
∆Tmax
ρLA ( LA2kA + LBkB + 1h)
⎤⎥⎥⎥⎥⎥⎦
0.5
(7.2)
where ∆Tmax is the maximum permissible temperature difference between stator and refer-
ence temperature (e.g. ambient) and ρ is the resistivity of copper.
It is generally found that the thermal resistance of copper is substantially less than the other
terms, i.e. the dominant terms are the thermal resistance of the plastic (LB/kB), and the
convective heat transfer resistance (1/h). Substituting some likely values in a real machine,
say LA = 1 cm, LB = 1 mm, h = 100 W/m2K, kA = 400 W/mK, kB = 0.5 W/mK, it is found that
L2A/2kA = 1.25e-7 m3K/W, LALB/kB = 2e-5 m3K/W and LA/h = 1e-4 m3K/W. Therefore
in this case the convection resistance dominates, although it is only five times larger than the
conduction resistance due to the plastic layer. It is conceivable that in a low speed machine
(with lower value of h), stator heat flow may be conduction limited rather than convection
limited if there is a layer of insulating plastic or similar over the copper stator coils.
CHAPTER 7. CONCLUSIONS AND FURTHER WORK 167
In terms of output power, in an AFPM machine which is convection limited, if the conduction
terms in equation 7.2 are ignored then:
J ≈ [∆Tmax
ρLA/h ]
0.5
(7.3)
∴ J α√ h
LA
(7.4)
If geometric similarity is maintained when a machine is scaled, then LA α D, the diameter.
Therefore, for fixed ∆Tmax, J α D−0.5 where D is machine diameter. The average power
output P of the machine is given by:
P = EI α JD4ω (7.5)∴ P αD3.5ω (7.6)
(where E is the average voltage, I is the average current, and ω is the shaft speed. In
this analysis it is assumed that the stator resistance is much lower than the load resistance,
i.e. Rs << RL.) This result is interesting since it shows that the power in an AFPM machine
which is convection limited scales better thanD3, i.e. larger machines may be able to achieve
higher specific output powers than smaller machines, for a certain value of h.
Finally, as has been shown in the present work, there is a power law correlation between
Nu and Reθ (section 5.2.2). However, to a very rough approximation, h¯ α ω since the index
in the power law relationship is almost linear (B ≈ 0.7). Inserting this into the previous
equations demonstrates the improvement in power with speed due to improved cooling:
P αD3.5ω1.5 (7.7)
7.2 Further work
A number of avenues for further research on rotor-stator systems and heat transfer in disc
type electrical machines have come to light as a result of this study and are detailed here.
7.2.1 Transition in rotor-stator systems
Prediction of transition from laminar to turbulent flow is important in this geometry and
requires further exploration both computationally and experimentally. Results using CFD
transition modelling were inconclusive. Further work is required to see what effect transition
has on mass flow rate and heat transfer.
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7.2.2 Transient modelling
All CFD simulations undertaken in the present work were steady state. An interesting area of
investigation is transient effects, particularly with the slotted (non-flat) rotor R2. Transient,
moving mesh modelling seems key to understanding the air flow in this system.
7.2.3 Roughness
The effect of variation in stator surface roughness on heat transfer was not extensively in-
vestigated and deserves further experimental research. In addition roughness might be in-
corporated into the wall modelling in CFD which would be an interesting area for further
work.
7.2.4 Geometry
The effect of variations of inlet geometry on mass flow and heat transfer should be further
investigated. If possible an actual AFPM machine geometry should be simulated with CFD
and compared with experimental measurements for example using heat flux gauges and
temperature sensors. A full computational model would probably need to include solid
domain thermal modelling using FEA, coupled to the fluid domain simulation. In addition
the totally enclosed configuration has not been investigated here and this deserves further
research in terms of stator heat transfer. There is significant scope for further testing using
different rotors, with variations in slot size, magnet height and number of poles. These could
also be compared with CFD simulations.
7.2.5 Design and optimisation
The results given here could be included in a design code for AFPM machines, taking into
account electro-magnetic design as well as the prediction of temperature and the effect of
temperature on resistivity. This would allow a reasonably accurate estimate of power density
for a new machine design.
7.2.6 Investigation into enhanced cooling methods
A very interesting area of further work is enhancements to cooling in AFPM machines. Air-
cooled through-flow ventilated machines have power density limits which could be improved
by a number of means:
• Increasing stator and/or rotor surface roughness
• Adjusting inlet conditions to give maximum mass flow rate
• In the case of a flat rotor and stator, using a small gap size G < 0.02
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• Allowing magnets to protrude and therefore pump more air, although at high speeds
this will lead to greatly increased rotor drag
• Forced pumping of air through the gap, using a separate fan or compressor
• Evaporative spray cooling into the gap
• Water cooling for example using cooling channels in a plate mounted behind the stator
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Appendix A
Calibration data
A.1 Mass flow
Figure A.1 shows measured calibration data from the electronic pressure sensor voltage (pro-
portional to gauge pressure) against laminar flow element mass flow meter. The linear fit is
given by m˙ = 11.905√∆V .
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Figure A.1: Bellmouth mass flow calibration data with linear fit passing through zero
A.2 Heater PCBs
Table A.1 overleaf gives the calibration data for PCB1 and PCB2. In this table, MSE is the
mean square error for the linear fit; R2 is the coefficient of determination, i.e. the proportion
of variability in the data set that is accounted for by the statistical model; N is the number
of data points lying outside a 95% confidence interval.
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Appendix B
Manufacturing information
B.1 Manufacturing drawings
All drawings used in the manufacture of the experimental rig were produced in Solidworks
and are given in the pages overleaf, and listed as follows:
1. Rotor disc 1 (flat)
2. Rotor disc 2 (protrusions)
3. Rotor cover drawing 1
4. Rotor cover drawing 2
5. Rotor cover drawing 3
6. Stator mount drawing 1
7. Stator mount drawing 2
8. Spacers (used to set gap size g) drawing and schedule
9. Steel ring used for rotor balancing
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B.2 Circuit diagrams
Circuit diagrams and PCB layouts were produced using the open source software Kicad and
the schematics for the heater drive circuit motherboard circuit, used to mount 14 drive
circuits, are given overleaf.


